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FOREWORD

This report presents the results of an investigation of air dynamometer
concepts for future turbojet engines. The investigation was carried out for
the Propulsion Division, Naval Engineering Center, Lakehurst, New Jersey,
under Navy Contract No. N68335-75-C-2098, with Mr. Wayne Sule-of the Advanced
Technology Section, Propulsion Division, Naval Air Engineering Center, acting
as the project coordinator.

'p The work was carried out at Northern Research and Engineering Corpora-
tion under the technical direction of Dr. W. Jansen with Mr. A. F. Carter
assuming the project responsibility. Other major participants in the program
were Messrs. J. W. Beckenbach, T. A. Blatt, D. B. Chouinard, N. Guletsky,
A. M. Heitmann, R. E. Penfield, W. H. Robinson, R. S. Scharlack, M. Shaw, and
S. N. Thirumalaisamy. Among the participants, special mention should be made
of Mr. A. M. Heitmann, who was very helpful in the evaluation of different

C compressor concepts for the dynamometer.
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ABSTRACT

This report is concerned with the analytical phase of the Navy's effort
to develop the technology necessary for the design of dynamometers to meet
the Navy's future needs. In the analytical phase, several compressor con-

cepts were analyzed for feasibility. The analyses indicated-that only the
dynamic rotary compressors (centrifugal, radial-outflow, and axial) would
be feasible for the dynamometers of specified requirements and general con-
straints. Therefore, several dynamic rotary compressor systems were selected
and investigated for range extension with inlet and exit valves as well as
with other possible range extension methods: bleed valve control, recircula-
tion, water injection, and variable geometry. The results of the investiga-
tion were then employed for the evaluation and rating of the compressor systems
based on several different factors relating to the dynamometer application.
Based on the evaluation, a double-entry radial-outflow compressor with vari-
able shroud for power modulation was selected as the optimum system. Also,
an outline of an experimental program for the demonstration of the selected
concept is given.
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S U MMARY

r This report presents the analytical investigation of air dynamometer con-
cepts for future turbojet engines. For the dynamometers, several compressor
concepts were analyzed for feasibility. The concepts can be classified intoI three broad categories: dynamic rotary compressors, regenerative compressors.
and positive-displacement rotary compressors. The analyses of the above com-
pressor concepts indicated that only the dynamic rotary compressors (centri-
fugal, radial-outflow, and axial compressors) would be feasible for the dyna-
mometers of specified requirements and general constraints.

[ Therefore, seven different dynamic rotary compressor systems (three
centrifugals, two radial-outflow types, and two axials) were selected and
were analyzed for range extension with inlet and exit valves. Also, selected

- and applicable compressor systems were analyzed for range extension with
bleed valve control, recirculation, water injection, and variable geometry.
In addition, preliminary mechanical design and analyses were performed on se-
lected compressor systems.

For the final evaluation and selection of the optimum system, five com-
pressor systems were identified. These compressor systems were then evaluated
and rated employing several different factors relating to the dynamometer ap-
plication. The evaluation and the subsequent rating established that the
variable-shroud radial-outflow compressor systems are far superior to the
other compressor systems. Among the two versions of the radial-outflow com-
pressors, the double-entry version is found to be better than the single-stage
version from considerations of stress and temperature levels, thrust balance,

p and growth potential. Therefore, a double-entry radial-outflow compressor

LO with variable shroud for power modulation was selected and recommended as the
optimum system for the dynamometers of the Navy's future engines.

This report also contains a brief summary of the problem areas to be.1 solved in the development of the future dynamometers with this concept as
well as an outline of an experimental program for the demonstration of this
concept with the potential for a very wide ower range.
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INTRODUCTION

Backqround

The Navy has a continuing requirement for both pre-and post-maintenance
testing of a variety of turboshaft engines at Fleet Activities. At these
activities, testing is conducted on portable test trailers. Current Navy
philosophy is to use air dynamometers as the load absorption devices for
these systems due to their simplicity of operation. Current development
programs at the Naval Air Engineering Center should provide the necessary
air dynos for at least the next 4 or 5 years based on the projected growth

r of existing engines. However, beyond this, the Navy will be introducing
engines into service that will generate shaft horsepowers greater than the
capability of the dynos now under development. Since the technology does
not presently exist to design and fabricate the necessary advanced dynamo-
meters, it will have to be developed. The Navy would like to develop this
technology in a two-phase effort-- analytical and experimental phases. Thejprogram completed by NREC is concerned with the analytical phase of this
effort.

Obiective
IL

The objective of the program is to perform an analytical study to
advance air dyno technology and generate design data on possible dyno systems
to be used in trade-off studies for the development of future systems. The
studies will consider systems that fall within the general requirements and
constraints outlined in the following section. Resulting systems should

r represent the optimum performance within financial and operational constraints.

Required Ranges and Constraints

The general areas of shaft horsepower and rotational speed for which
dynamometers will be required are listed below along with the operational
and physical constraints that will be placed on any future system. These
requirements are to be used as a guide throughout the analysis so that more
emphasis can be placed on the optimum systems. The engine ratings (shaft
horsepower and rotational speed) are not to be considered specific design
points but rather as the center of a possible range of design points. It is
known that future engines will fall within the given ranges but the specific
ratings have not yet been determined.

r Required Dynamometer Ranges

Shaft Horsepower Rotational Speed (rpm)

2,500 6,600
4,000 6,600
6,000 - 10,000 7,000
6,000 - 10,000 12,000

2,500 20,000

In the above five horsepower-speed combinations, the first four were
part of the original specifications; the last one, which corresponds to

. - . .
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the anticipated growth version of the T58 engine, was added by the Navy to

the original requirements in the earlier part of the program.

*Constraints

I. Dyno system must not exceed 48 inches in over-all diameter.
2. Dyno system should weigh about 1,000 pounds so that it can be re-

moved with the existing crane.
3. Dyno system must be direct drive from engine (no gearbox).
4. For dynos with extended range that can test future as well as exist-

ing engines, consideration must be given to the fact that the output
shafts on different engines may rotate in different directions.

5. Dyno power absorption during engine testing must be adjustable usingI a single control that is not overly sensitive.
6. Dyno system must have a high degree of reliability so that mainte-

nance requirements are minimal.

From preliminary sizing and weight calculation in the earlier part of

the program, it was found that the first two constraints, especially the sec-
ond one on weight, could not be satisfied by dynamometers for the high horse-

power, low speed engine requirements. A discussion of this with the Navy
personnel resulted in their recommendation that these restrictions, which
have to be satisfied by the dynamometers of the present engines, should be

used only as guidelines and not as absolute restrictions for the dynamometers

of future engines. Also, the Navy later specified that the minimum power

range should be at least 2:1 for the testing of engines at design speed.

Report Contents

The main results of the program are documented in this report in eight

sections. The first section contains the general sizing and feasibility
analysis of various concepts for the future dynamometer application. Further

analysis of the feasible compressor concepts with respect to sizing and pre-

liminary weight calculation are reported in the second section. The third
section contains the range and required number of dynamometers for the six
selected compressor systems with inlet and exit valves. Selected compressor

systems were analyzed for achievable range extension by various other methods.
The results of this analysis are included in the fourth section. The fifth

4. section contains the analysis for range and the preliminary mechanical design
and analysis of three selected compressor systems. The sixth section dis-

cusses the good and bad points of the selected compressor concepts. It also
includes a rating evaluation of the different compressor concepts. The
seventh section contains the analysis of experimental program requirements.
In the final section, an outline of the proposed experimental program for
the demonstration of the optimum concept is presented.

I
.o~0 
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feai~~itFEASIBILITY ANALYSIS OF SEVERAL COMPRESSOR CONCEPTS

Frthe dynamometers, several compressor concepts were studied for
feaibiityin terms of size and number of units or stages necessary to
satify he gvenrequirements. The concepts can be classified into three
broa caegores:dynamic rotary compressors, regenerative compressors,

and osiivedisplacement rotary compressors. Centrifugal, axial and
radal utfowcompressors comprise the first category while the second

category consists of only the drag (peripheral) compressor. The last cate-
gory includes helical screw, spiral axial, straight lobe, slide vane and
liquid liner compressors. The important results of the analysis are given

and discussed in this section.

Selection of Operating Points for Analysisr Shown in Figure I is the envelope of operation for the specified require-
ments. In the figure, the original engine design points are shown connected
by continuous lines. Of the six original design points, the most important
or critical points for the design of dynamometers would be Points A and B.

Point A (high power - low speed combination) would require the maximum
physical size for any system. Point B (high power-high speed combination)
would limit the physical size of a system due to limitations on tip speed.
A smaller size could make the required number of units or stages prohibitively
high because of the high power requirement. Also, a higher number of units
or stages would make the weight and the length of the system excessively
high. Hence, points A and B were selected for the feasibility analysis of
the various compressor concepts.

j Centrifugal Compressors

Thie analysis was conducted on three different centrifugal compressor
systems: single stage units, double-entry units (or two stages operating,1' in parallel), and two-stage tandem (series operation) units. Even though
Points A and B were selected for the feasibility analysis, the analysis of
the single stage units involved three other operating points: Points C,I D and E. For the analysis, the relationship between specific speed and
normal ized efficiency given in Reference 1 was utilized. Various simplifying
assumptions were also employed for the analysis. They are:

1. The optimum impeller efficiency is 0.92 and its variation with
specific speed follows that of a stage.

2. The impeller is radial at the exit.

II3. The slip factor is 0.88.
41. The absolute velocity at the impeller exit is equal to the blade tip

speed resulting in an absolute flow angle of 61.6 degrees.
5. The stage consists of a vaneless diffuser and a simple collector or

ducting downstream of the impeller.
6. The static pressure rise downstream of the impeller corresponds to

that of a constant width vane'less diffuser of outer diameter 48
inches and effectiveness (P s/AP FS of 0.75.

Is
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7. For the tandem units, the specific speeds of the two stages are equal.

With the above assumptions, the centrifugal compressor systems were analyzed.

The effect of specific speed on various single stage design parameters

for the five operating points are shown in Figures 2 and 3. An analysis of
the figures reveal the following:

I. The flow rate increases with specific speed (Fig 2).
2. The pressure ratio decreases with specific speed (Fig 2).
3. The over-all efficiency (based on vaneless diffuser exit static

pressure." attains its ma~ximum value between specific speed values
of 0.11 and 0.13 before decreasing at an increasingly faster rate
with increasing specific speed (Fig 2).

4. The exit temperature and tip speed decrease with increase in
specific speed (Fig 3).

5. The maximum-to-impeller exit diameter ratio increases with specific
speed. However, the rate of increase decreases with specific speed

6. The maximum-to-impeller diameter ratio is less than 1.2 for operating

F point A (Fig 3).

Since item 6 would be critical from space available for collector or
duct assembly, the single stage design for operating Point A was analyzed
for the feasibility of designing a collector geometry within the initially
specified maximum diameter of 48 inches. The particular design for this
analysis was selected at a specific speed value of 0.13 since it represents

K' an optimum configuration from range (pressure ratio) considerations. Also,
the small increase in available space for ducting when the specific speed is
increased from 0.13 to 0.15 is partially offset by the increase in flow rate.

A simple collector with circular cross-section and near sonic exit velo-
city would require a radial height of around 13.5 in compared to an available

*radial height of 3.5 in at the diameter ratio (D /D ) of 1.17. The required
5 radial height, however, could be substantially r4'6cei by designing a collec-

tor configuration which is wrapped around the impeller. Such a system would
not only have high turning losses but would also have no static pressure rise
beyond the impeller exit and, as a result, the available pressure ratio would

be considerably reduced. A reduced pressure ratio would reduce the range that
can be achieved by inlet throttling. For instance, a turning loss coefficient
of around 0.5 with no pressure recovery in the collector would reduce the
pressure ratio from 1.89 (Fig 2) to 1.32. An annular exit with the possible
use of axial straightening vanes for torque measurement purposes would further
reduce the available pressure ratio. Therefore, a single-stage centrifugal:1 compressor configuration is not a feasible concept if the over-all maximum
diameter, D, is restricted to 48 in.

Assuming a specific speed of 0.13 for the stages, both double-entry and
tandem configurations were sized for operation at Points A and B. The
important design quantities are listed in Table I and Table 11 along with
those of the single-stage configuration. It can be seen from Table I that
the available space for ducting has more than doubled and the flow rate is
reduced by about one third when the single-stage configuration is replaced by



6

either the double-entry or the tandem configuration for Point A.

The operating characteristics of one side of the double-entry unit
W. are similar to those of the first stage of the tandem unit which has a

L slightly higher flow, pressure ratio and diameter. For a constant specific
speed of 0.13, the first stage of the tandem unit is larger than the second
stage resulting in a 55:45 power split for Point A and a 60:40 power splitI for Point B. The use of common basic impeller shape (with shroud and tip
cuts) could alter the relationship between the two stages of the tandem units
to some extent. The main advantage of the tandem configuration over the
double entry configuration is in its higher pressure ratio which would
facilitate higher range by inlet throttling.

Radial Outflow Compressor

This compressor is esertially a centrifugal one. It differs from the
conventional type in certain respects: blades resembling those of impulse

r turbinc and situated in the radial part of the rotor only, high forward

slopes for the blades resulting in more than twice the work absorption per
pound (W2 Vu 2) of conventional type for a given blade speed, and usually a

L constant passage width across the rotor blades as shown in the sketch below.

I Since it is esentially a centrifugal compressor, the specific speed-
efficiency relationship employed for the conventional centrifugal compressors
was adopted for the preliminary analysis of the radial-outflow comipressors.L Apart from this relationship, various other simplifying assumptions were used
for the analysis. They are:

1. The rotor is of impulse (turbine) type with 60-degree blade angles.
2. At the rotor blade exit, the absolute tangential velocity is twice

the blade speed (Vu2 =2U 2):
3. The stage utilizes a rotating vaneless diffuser downstream of the

rotor.

4. The pressure recovery effectiveness of the diffuser is 0.75.

I 4
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5. The radial height required for ducting downstream of the diffuser
is 1.5 times the rotor exit passage width.

6. The casing th ickness is 0.5 in.
7. There is no static pressure recovery downstream of the vaneless

diffuser.

With the above assumptions, both single-entry and double-entry configur-
ations were analyzed for Points A and B. The effect of specific speed on
over-all pressure ratio, over-all dimensions, and absolute Mach number at
diffuser exit for single-entry configurations, is shown in Figure 4. It can
be seen from the figure that a single-entry configuration is not feasible for
Point A within the over-all diameter restriction of 48 inches sirce there is
no pressure rise across the stage as indicated by the variation of over-all
pressure ratio with specific speed. This results from, one, the assumed
absence of static pressure rise across the rotor and, two, the insufficient
length available for diffusion downstream of the rotor.

Similar to Figure 4, the effects of specific speed for double-entry
configurations are shown in Figure 5. For Point A, the over-all pressure
ratio is maximum at N = 0.09. At this specific speed, the diffuser length,

(D D , is maximum and the absolute exit Mach number is near minimum.
FoPoinVB, the pressure ratio is maximum at N =0.07. However, a design
with N sof 0.09 would be optimum from consideraiions of diffuser length and
exit Mach number. Hence, the over-all stage quantities and dimensions were
obtained at Ns=0.09 for Points A and B and given in Table 111.

r Axial Compressors

As for the centrifugal compressor, the analysis of axial compressor
utilized the specific speed-efficiency relationship. This relationship for
axial compressors was based on that of Reference 2 with some reduction in

the given peak efficiency value. Based on previous designs and an initial
analysis, the following simplifying assumptions were made for the analysis:

1. The optimum stage efficiency is 0.85.
2. The axial velocity across a stage is constant.
3. The velocity at the stage exit is axial.I4. The specific speed of the first stage is 0.5.
5. The average hub-to-tip diameter ratio is 0.6.
6. Power absorption is equally divided between stages.
7. The dynamic head at the exit of a compressor is lost.

saeWith the above assumptions, the effect of number of stages on various
saedesign parameters was analyzed for Point A. The results of the analysis

are shown in Figures 6 and 7. It can be seen from Figure 6 that a minimum
of three stages is required to bring down the tip Mach number to an accept-
able level from considerations of stable operation. A reduced tip Mach
number would be accompanied by a lower tip speed which would reduce the
stress level and increase mechanical reliability. Also, the increase in
over-all pressure ratio with higher number of stages would increase the
range.
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1 fFor the above analysis, the tip diameter of the stages was allowed to

I vary. Assuming the tip diameter to be constant, a three-stage design was

arrived at for Point A and its design quantities are listed in Table IV. The
tip relative Mach number is transonic for all three stages. Of the three
stages, the first stage is critical since it has comparatively high tip Mach
number as well as high temperature rise coefficient with high flow coefficient.
An analysis of a four-stage configuration indicated that a reduction of about
10 per cent can be realized in tip relative Mach number. However, this de-
crease in tip Mach number was followed by an increase in both flow coefficient
and temperature rise coefficient of the first stage.

An analysis of a four-stage configuration for Point B indicated a very
high tip Mach number for the first stage. Hence, a five-stage configuration
was analyzed and its design quantities are listed in Table V. It can be seen

from the table that the inlet tip relative Mach number is relatively high
even with five stages. An analv-is of the five-stage configuration, with re-
distribution of work betweer, the stages, did not materially change the inci-
vidual stage designs when the specific speed of the last stage was not allowed

to decrease below 0.29. '1so, a sizing of a five-stage configuration with a
constant hub diameter rct-lted -n temperature rise coefficient of as high as
1.5 for the last stage in."icating the need for additional stages.

The analysis of Kx;al rompressors so far has revealed that axial com-
presFors could be designed within the limitation of 48 inches outer diameter.
However, the weight coulJ be a limiting factor especially for constant hub
diameter designs wtich ofer some advantages in terms of common blading
between stages.

IDrag Compressor
The drag compressor is a low specific speed machine and its main advantage

is the absence of surge even at zero flow. It is also known under various
names: peripheral, regenerative, friction, traction, turbine or tangential

compressor. It usually consists of a wheel with small vanes that "drags"
I1 the flow along the periphery and finally discharges as is shown in the sketch

on the next page. As indicated by a streamline, the fluid passes through the

vanes from the open channel many times between the inlet and exit. This
repeated path through the rotor vanes or regenerative flow pattern, which.1 can be thought of as internal multistaging, absorbs many times the work per
pound of dynamic rotary compressors. The inlet and exit is separated by the
stripper which, except for the leakage through the stripper clearance, allows

I only the fluid within the impeller vanes to pass through to the low pressure
inlet.

LI.
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defined by

4) odMU*()Iwhere H is the adiabatic head (ft) and U tis the impeller tip speed (ft/sec).

The capacity coefficient is defined by

\A= S / Ut.Ac. (2)

where Q sis the iltvolume flow (cfs) and A cis the cross-sectionai area
of open5 cane (ft ). The impeller tip Mach Cnumber is defined as the ratio of
Ut and the inlet stagnation speed of sound. Other details of interest can
be found in Reference 3.

r The sizing of drag compressors was mainly based on the performance
given in Reference 3. The channel height, h, width, b, and the hub diameter,

r~ D ho were normalized with respect to the impeller tip diameter, Dt (see sketchI on page 9 for the details of the channel). An initial analysis indicated
that the operating point 6 would require the larger number of units. Hence,
only the results of the analysis for Point B configurations are given in

r Table VI.

Of the six configurations listed in the table, configurations DCl, DC2
and DC3 were obtained from the given characteristics of Reference 3. Con-
figuration DC4- utilizes an extrapolated impeller tip Mach number assuming
that there is no undue aerodynamic and mechanical penalty associated with a
higher than normal tip Mach number. Configuration DC5 reflects the maximum

enlargement of the channel that was incorporated in the basic design of'4 Reference 3. Configuration DC6 was sized on the assumption that an equal
additional enlargement of the channel would be equally beneficial.

It can be seen from the table that a modest advancement of the present
state-of-the-art technology would not reduce the required number of units to
a reasonable level. If further high tip Mach number levels and enlargement
of the channel could be used, the number of units could be reduced to a lower
level. However, the total weight in that case may exceed the limit since

each unit would be bigger in size.

Positive Displacement Rotary Compressors

bSimilar to the drag compressor, the rotary compressors are low specific
speed machines. Like the reciprocating compressors, they are positive-
displacement machines with internal compression; the compression is accom-

Ir plished by reduction in the volume of space occupied by the gas when it is
carried from the inlet to the discharge port. These compressors are limited

In the past, various new versions of rotary compressors have been
introduced. Of these various types, the hel ical screw compressor is the most
versatile. A detailed description of the operation and performance evaluation
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1 of this type of compressor is given in Reference 4. It is a two-shaft rotary
piston machine and its operation is illustrated in the sketch below.

r "'- mm '1 x
view from,

suct40n coriression by Soace ferc z,on Oscriage
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The analysis of the helical screw compressor and four other types of
positive displacement rotary compressors was based on the method and informa-
tion given in Reference 5. From the analysis, the number of units required
for Point B (critical from number of units) was calculated for all five
types: helical screw, spiral axial, straight lobe, sliding vane and liquid
liner compressor. For each type, two configurations were sized with the
first configuration using the maximum value of the pressure ratio range and
the length-to-diameter ratio normally employed, the limiting tip Mach
number, and the characteristic displacement constant. The second one incor-
porates an arbitrary increase of 50 per cent in the above quantities.

Table VII lists the various parameters and the required number of units
for the compressor configurations. It can be seen from the table that therequired number of units would be prohibitively high for all types in the

first category. An increase of 50 per cent in the operating or geometric
characteristics would make only the helical screw compressor a possible candi-r date system. The pressure ratio of the helical screw compressors could be
increased to 6 or more but the characteristic displacement constant may not
be changed very much. If this constant alone is kept unchanged, the number
of required units would increase to 10 or 11. While an increase in length-
to-diameter ratio would decrease the number of units, it would add weight to
the system. Further, an increase in pressure ratio may not go hand in handr with an increase in length-to-diameter ratio.

I
I _ _
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PRELIMINARY ANALYSIS OF FEASIBLE COMPRESSOR
SYSTEMS

Introduction

V. In the feasibility analysis, several compressor concepts were
analyzed for the Navy's future dynamometer application. The analysisindicated the following:

1. For Point A, a single stage configuration is not feasible for both
centrifugal and radial outflow type compressor within the initially
specified maximum over-all diameter of 48 inches for the compressor
systems.

2. In axial compressors, a minimum of three staqes for Point A and a
minimum of five stages for Point B is required.

3. The drag compressor and the helical screw compressor are marginallyrfeasible and require further analysis to establish their feasibility.

In the feasibility analysis, the compressor concepts were studied only
in terms of over-all diameter and number of units or stages. In the pre-
liminary analysis reported in this section, the feasible compressor systems
were further analyzed to determine the major dimensions. These were then
used to obtain the flow paths of the systems and, hence, their weight. In
addition, an analysis was conducted to determine whether it would be possible
to design a basic configuration from which the different dynamometer units
could be obtained by simple geometric scaling to cover the range of possible
design points.

Centrifugal Compressors

Stage Design Analysis

As in the previous feasibility analysis, the stage design analysis
employed the relationship between specific speed and normalized efficiency.
In addition, the analysis employed various simplifying assumptions and

considerations some of which were based on the results of the feasibility

analysis. They are:

1. The optimum impeller efficiency is 0.92 and its variation with
specific speed follows that of a stage.

2. The impeller is radial at the exit.
3. The slip factor is 0.88.
4. The stage consists of a vaneless diffuser and a simple collector

or ducting downstream of the impeller.
5. The static pressure rise downstream of the impeller corresponds

to that of a constant width vaneless diffuser of outer diameter
48 inches and effectiveness (AP/AP is) of 0.75.

'I



*1

13

6. Where possible, use of common impeller blading with simple

shroud-cuts.

With the above assumptions, both double entry (or double unit) and
tandem units were sized for operating Points A and B. Also, single stage
configuration was sized for operating Point D. The stage characteristics
and geometric data are listed in Table VIII for the various stages.

It can be seen from the table that the second stages of the tandem
units employ the same impeller as that of the first stages with simple
shroud-cuts. This results in slightly reduced values for inducer tip
radius and impeller exit passage width. Also, the impeller of the
single stage unit for Point D is obtained by this way from the impeller
for Point A. The shroud-cut is illustrated in Figure 8.

The flow angle at inducer tip for the configurations was kept around
60 degrees; a value found optimum from NREC design practice. The slight
variation in this value from one to the other design results from shroud-

cut. Similarly, the variation in specific speed results from reduction in
flow capacity caused by shroud-cut. The absolute exit flow angle was kept
relatively low from flow range consideration. The relatively high inducer
tip relative Mach number for Configuration B-CCD2 (or B-CCT2-1) results
from the combination of high volume flow and high rotational speed.

Estimation of Weiqht

ir Using the over-all dimensions of stages A-CCT2-1 and A-CCT2-2 given
in Table VIII, the flow path of the tandem unit for operating Point A

(configuration A-CCT2) was obtained. The flow path thus obtained is
shown in Figure 9 which incorporates a row of IGV at the inlet and deswirl
vanes at the exit of the stages. The incorporation of a row of variable
IGV would serve two purposes: variation of power absorption per Ibm of
flow rate and variation of flow rate by throttling effect. The deswirlrvanes ahead of the second stage would provide axial flow at the second
stage inlet and those at the exit would eliminate any exit swirl to avoid
possi.le reaction upon the torque measuring system based on the stator casing
reaction.

From the flow path of Figure 9, a preliminary layout was made. From

the layout, the weight of the tandem unit (A-CCT2) was estimated to be
2,020 lbs. This weight is based on using aluminum for all parts except
for the shaft and the second stage rotor which were assumed to be made of
titanium. The above weight estimation is based on first-cut preliminary
analysis with the consideration to obtain a lighter unit. For instance,

the casing w3s assumed to be relatively thin at 0.5 in thickness. Also,
the weight of any required inlet and exhaust ductings extraneous to the
flow path of Figure 9 was not included in the weight estimation.

I1
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The weight of double-entry unit (A-CCD2) is expected to be close to
that of A-CCT2; a weight reduction of around 150 Ibm is possible in
double-entry units since aluminum would be used for both rotors. In any
event, it is not possible to design a centrifugal compressor configuration
for Point A as one unit weighing around 1000 Ibm. The only way to get
around the problem is to design two units, lift them separately and couple
them. A double unit in parallel would involve simple coupling of the shafts
whereas the double unit for series (multistaging) operation would require
additional complication with respect to interstage ducting.

Basic Design Configuration

The exact number of dynamometer units required to cover the specified
range of design points depends on the range of each dynamometer unit and,
therefore, can only be calculated based on the results of the range analysis.
However, a minimum of three dynamometer units would be required: one for the
high speed point (Point G), another for the medium speed range (Points B and
C), and a third one for the low speed range (Points A, F, E and D). At the
low speed range, a single dynamometer unit would be required to have power
range of about 8:1 at constant speed for the Navy's requirement of at least
2:1 power range at design speed of each engine. Hence, it is likely that
two dynamometer units would be required for the design points of low speed
range.

In the absence of an exact knowlege of the number of units required for
the dyno system, it would be desirable to arrive at a basic design configura-
tion which would provide scaled versions to cover the range not covered by
the basic dyno unit. In this way, repetitive calculations could be avoided
and any additional requirement could be included in the analysis without
significant additional effort. Also, this would simplify the design and
development of dynamometers resulting in reduction of over-all cost a"d
effort. Therefore, an analysis ot the centrifugal compressors was c,rt-cted
for scaling with the following assumptions:

I. At constant blade speed, the power absorption is proportional to
the square of the linear scale factor.

2. For a given unit, the power absorption is proportional to the cube
of the rotational speed.

3. The weight of a unit is proportional to the cube of its linear
dimensions.

Assumption I can be expressed as:

PS SL

where S, is the linear scale factor
P is the total power absorption
U is the blade speed
and b and s are the subscripts which refer, respectively, to the

basic design configuration and the scaled unit.

I 4
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From assumption 2, the power absorption, P., at any rotational speed, Ns,
for the scaled unit is given by,

A (4)

- where P5 d is the power absorption of the scaled unit at the design rotational

Ispeed, N s'd, which is related to the design rotational speed of the basic unit by

I Combining Equations 3, 4, and 5, the scale factor, SL, can be expressed as

where P sis the power absorption required of the scaled unit at rotational speed,
N and P b d is the design power absorption of the basic unit. From assumption 3

f~ t~e weight: W., of the scaled unit can be related to the weight, Wd, of the basic
unit byI WV~4 j A (7)

W ith the above relationships and the tandem configuration for Point A
(A-_CCT2) as the basic configuration, an analysis was conducted to determine
the features of scaled units for each of the other six operating points
(Table IX). It can be seen from the table that the minimum scale factor is

* 0.41 and the blade speed ratio varies from a minimum of 0.74 for Point D to a
* maximum of 1.24 for Point B. Also, all but Point D of the low speed operating

points would need dynamometers weighing greater than 1000 lbm. The range of
variation in the scaling factors and t e operating point blade speed ratios
can be easily incorporated into a good basic design configuration. Therefore,
it is sufficient to design a basic configuration and to produce the other re-
quired dynamometers by direct scaling. The required number of dynamometers

* would, of course, depend on the power range of the dynamometers. A 2:1 power
* range within the range of blade speed ratios would dictate a dynamometer for

each operating point.

IWith the tandem configuration A-CCT2 as the basic unit, the simple scal-
ing relationships (Equations 3 to 7) were employed to obtain Figure 10. Each

* of the positive-sloped lines (SL = constant) represents the power-speed rela-1 tionship of a scaled dynamometer for a particular scaling factor, SL The
dotted lime (SL = 0.791) corresponds to the dynamometer unit with a weight of
1000 Ibm. Any operating point to the left of this line would require a dyna-
mometer unit weighing greater than 1000 lbm. This is readily seen from the

weights of scaled units shown in Table IX for Points A, E, and F. Any change
in the weight of the basic unit would, of course, shift this dividing line for
1000 Ibm to the right or left, depending upon whether the weight of the basic

* I unit is heavier or lighter than 2020 lbm. Also, any deviation in cubic rule
for the variation of weight with scale factor would shift this dividing line.
For instance, a likely value of 2.8 instead of 3 would shift this dividing*1 line for 1000 Ibm to the right, and the dotted line on the figure would then
correspond to a scaled unit of around 1050 Ibm.

I.i 1
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The negative-sloped lines shown in the figure (Fig 10) correspond to
the operation of the scaled units at constant blade speed ratios,Us/u/S. The
scaled unit for Point B (SL = 0.714) could be applied to Point C if the
range of power absorption is greater than 3.3:1 at 12000 rpm. The range of
power absorption, however, has to be at least 6.7:1 at 6600 rpm for the
basic unit to cover all four low speed operating points. Any range less than
6.7:1 but greater than 3.3:1 would require two dynamometers to cover the low
speed operating points. The second low speed unit could also be obtained as
a shroud-cut version instead of a scaled unit. In the shroud-cut version
the weight of the unit for the low power points (Points E and D) would be
practically the same as that of the basic unit and it would also operate at
a higher blade speed than that of the scaled unit.

In Table X, the over-all dimensions given in Table I for B-CCD2
(or B-CCT2-1) are compared with those of the unit scaled from the configura-
tion A-CCD2 (or A-CCT2-1). Except for the exit passage width, the other
dimensions are practically the same for the two. The increase in exit
passage width for the scaled version would result in less than 3 degrees
increase in the absolute flow angle at the impeller exit. The above compari-
son, therefore, also points to the adequacy ot the dyno analysis with a
basic configuration. The basic configuration would, of course, have to be
analyzed at different rotational speeds as the scaled units would have to
operate at blade speeds different from that of the basic unit designed for
a particular operating point.

Radial Outflow Compressor

As explained earlier in connection with the feasibility analysis, the
radial outflow compressors form a particular type of centrifugal compressors.
Therefore, the conclusions of the scaling analysis for the centrifugal
compressors would be equally valid for the radial outflow compressors. Also,
the results of the feasibility analysis included the over-all dimensions
necessary for a preliminary weight calculation. Hence, the weight of the
double entry unit for Point A (A-ROCD2) was estimated.

The estimated weight of the double entry unit (A-ROCD2) is 1970 Ibm.
This weight is based on using aluminum for the casing and titanium for the
shaft and rotor. As for the centrifugal compressor unit, the casing was
assumed to be relatively thin (0.5 in thickness). Also, the weights of any
required inlet and exhaust ductings for non-axial flow inlet and non-radial
exhaust were not included in the preliminary weight calculations.

,/ IAxial Compressor

Estimation of Weight

The flow path of the 5-stage axial compressor for Point B (B-AC5l) is
shown in Figure 1. This was obtained using the geometric information
generated during the feasibility analysis (Table V) and various other assump-
tions: the average axial chord of rotor blades is 2.2 in with an average
axial aspect ratio (blade height/axial chord) of 2, the axial chord of
stator blades is 2.5 in with an average axial aspect ratio of 1.6, and the

'A S.



17

axial spacing between the blade rows is approximately equal to one half of
the average axial chord length of the blade rows. In addition, it was assumed
that the stage incorporates a row of IGV of 3 in axial chord.

From the flow path of Figure 11, a preliminary layout was made, From
the layout, the weight of configuration B-AC51 was estimated to be 636 lbm.
(The weight of a comparable centrifugal compressor unit scaled for Point B is
767 lbm, Table IX.) The weight of B-AC5l is based on using aluminum for all
parts except for the shaft and the last two rotors, which were assumed to be
made of titanium. As in the case of the centrifugal compressor unit, the aimI, was to obtain a lighter unit. Therefore, the casing was assumed to be rela-
tively thin (0.5 in thickness), and the weight of any required inlet and ex-[ haust ductings was assumed to be negligible.

Scaling Analysis

The assumptions employed for the scaling analysis of the axial compressors
are similar to those employed for the centrifugal compressors except for the
additional assumption associated with the variation in number of stages. The
various simplifying assumptions are:

1. The power absorption is equally distributed between stages.
2. At constant blade speed, the power absorption is proportional to

the square of the linear scale factor.
3. For a given unit, the power absorption is proportional to the

cube of the rotational speed.
4. The length of a unit is proportional to the number of blade

rows and the scale factor.
5. The weight of a unit is proportional to the length of the unit

h and the square of its diameter.

From assumptions 1 and 2,

3 Ps!- = hn 8

where SL is the linear scale factor for a stage
P is the total power absorption
N is the number of stages[U Is the blade speed
and b and s are the subscripts which refer, respectively, to the
basic design configuration and the scaled unit.

From assumption 3, the power absorption, P., at iny rotational speed,
Ns for the scaled unit is given by

where Ps5 d is the power absorption of the scaled unit at the design rote-
tional soeed, N5 d which is related to the design rotational speed of the
basic unit by 1

* jN 5, (10)
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Combining Equations 8, 9 and 10, the linear scale factor, SL, can be

expressed as )%4( /I AP "
where P5 is the total power absorption of the scaled unit of ns stages at
rotational speed, N., and Pb d is the design power of the basic unit of

nb stages. From assumption 5 and Equation 11, the weight, W., of the

scaled unit can be expressed as

V45 O S - I) L 1(12)

With the above relationships, an analysis was conducted for the
effect of scaling. For the analysis, the five-stage configuration for

aint B (B-AC51) was taken to be the basic design configuration. The

analysis included 5, 4 and 3 stage configurations for Points A and G.
A review of the results given in Table Xl reveals the following:

1. A decrease in the number of stages would result in a unit with
a shorter axial length and a larger tip diameter.

2. For a given operating point, the weight of the unit is not
significantly affected by the number of stages. A decrease in
the number of stages from 5 to 3 would result in only about
14 per cent reduction in weight.

3. The number of stages could be reduced to 3 for oints A and G.
4. The 3 stage scaled unit for Point A has a tip diameter of

32.9 in compared to 35 in for the unit (configuration A-AC31,
Table IV) independently sized for this point. This difference
mainly results from the use of different hub-to-tip diameter
ratios for the stages in the scaled unit.

The results of the scaling analysis definitely indicate that it isJr sufficient to design a basic configuration and analyze it at different

non-dimensional speeds to cover the entire range of requirements.

Basic Design Configuration Details

The configuration for Point B (B-AC51) has the maximum number of
stages and, therefore, it could be used to arrive at scaled configurations
with equal or reduced number of stages for other operating points. The

definition given in Table V for this configuration is mainly concerned
with the over-all stage performance, important design parameters, and
annulus geometry definition in terms of hub-to-tip diameter ratio and
tip diameter. For further definition as well as to judge the feasibility
of the five-stage configuration B-AC51 in terms of blading, the blading
details were obtained. For this, the following simplifying assumptions

and considerations were employed:

1. The stages are of 50 per cent reaction, i.e., the static pressure
rise is equally distributed between rotor and stator blade rows.

2. The axial velocity is constant across the stages and from hub
to tip.

I
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3. The temperature rise is uniform from hub to tip across the rotor.

4. The incidence, j, to the blade rows is 4 degrees.
5. The deviation angle, 6, can be expressed as

6 = 0 4-05(13)
where is the blade camber angle

s is the blade stagger angle
and a- is the blade solidity

6. The mean solidity,wt-, is 1.2 and the chord length is constant
from hub to tip.

From assumptions I and 2, the flow angles at the inlet (0) and exit
(*W of both rotor and stator blade rows can be expressed as

0 = t -- '0/ 0 (14)

where %V is the temperature rise coefficient and k is the flow coefficient.

The inlet and exit blade angles ( and ) are related to the flow angles
and blade camber and stagger angles by the following relationships:

P I(I- i (16)

0(2, - 6 (17)

C(f I- . ) (18)

Cf...* 1:;") ;k'('9)r With the above relationships and the previously defined mean stage
design quantities (Table V), an iterative procedure was employed to arrive

'ii  at the blading details listed in Table XII. The blading details indicate

that a five-stage design is feasible but it would involve high camber at
the hub. As a result, the number of stages cannot be reduced below five
without introducing excessively high camber at the hub. The high hub
camber angle obtained for the five-stage design could be reduced by in-
creasing the diameter ratio. This, however, would be accompanied by an
increase in relative Mach number at the tip of the rotor blades. It

should be noted that the continuous variation in annulus area (or diameter
ratio) from inlet to exit would introduce some difference between the
rotor and stator bladinq.

F Drag Compressor

During the feasibility analysis, it was found that the number of units re-
quired for Point B would be excessive. The number of units could, however, be

reasonable for Point A. Therefore, drag compressors were further analyzed in-

cluding the sizing of two configurations for Point A. The details of these two

configurations are listed in Table XIII along with those of corresponding con-

figurations sized earlier for Point B. Of the four configurations in the table,

configurations A-DCI and B-DCl are based on stage characteristics and para-

meters normally employed in drag compressor designs. The alternate configura-

tions (A-DC2 and B-DC2) are based on characteristics and parameters which are

I

i "- I_
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judged to be achievable by further development in the present state-of-
the-art technology. As shown in the table, the number of units could be
reduced to a reasonable value (6) for Point A with advanced designs.

A compressor unit of the configuration A-DC2 is shown in Figure 12.
As shown in the figure, the over-all diameter of the compressor system is
50.6 in. Since the minimum length for each unit would be at least 16 in
(Fig 12), the total length of the compressor system would exceed 96 in.
In addition, the total weight of the 6-unit system was determined to be
6200 ibm based on some conservative assumptions: the casing is made of
aluminum with 0.5 in thickness, and the shaft and rotor are made of
titanium.

[The analysis of the drag compressor for the Navy dynamometer appli-
cation has resulted in two important findings: one, the number of units
required for high power-high speed engine design (Point B) would be
excessively high; two, even though the number of units for high power-
low speed engine design (Point A) would be reasonable, the total weight
of the compressor system would exceed several times the desired weight.
Hence, the drag compressor is not a suitable concept for the dynemometer
of specified requirements and desired constraints.

Helical Screw Compressor

During the feasibility analysis, five different compressor types
were analyzed under positive displacement rotary compressors and the
results of the analyses are given in Table VII. Of the five compressor
types, only the helical screw compressor was found to be a possible
candidate system if an increase of about 50 per cent is achievable in
the presently employed values for the operating and geometric character-
istics of this compressor. Hence, this type of compressor was further
analyzed including the sizing of two configurations for each of the two
important operating points (points A and B). The main stage character-
istics and parameters for these four configurations are shown in Table XIV.

The important design parameters which characterize the helical screw
are four: pressure ratio, tip Mach number, characteristic displacement
constant, and length-to-diameter ratio. Design configurations A-HSI and
B-HSl were sized by employing typical values for the pressure ratio,

L displacement constant and length-to-diameter ratio. For the tip Mach
number, the present maximum value of 0.35 was used instead of a typical
value of 0.24. Configurations A-HS2 and B-HS2 were sized by using design
parameters judged to be achievable by further development. The pressure
ratio could be increased still further. However, an increase in pressure
ratio may not be possible with simultaneous increases in displacement constant
and length-to-diameter ratio.

It can be seen from the table that the required number of units could
be considerably reduced by further advancement in the design technology.
Still, the required number of units for operating Point B is excessively high

* gat 15. Assuming a 4-lobe male rotor and a 6-lobe female rotor system,

--- -I k
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configuration A-HS2 was sized in detail (Fig 13) for the estimation
of over-all length, diameter and weight. As shown in the figure, the
over-all diameter of the compressor system is relatively low at 40.5 in
but the length of a single unit is 61 in which would dictate in excessively
long 5-unit system required for Point A. Also, the total weight of the
5-unit compressor system was found to be 5900 Ibm based on the use ofr titanium for shaft and rotors, and aluminum for stationary parts.

The above analysis of the helical screw compressor indicates that
this type of compressor has drawbacks similar to that of the drag com-
pressor: the required number of units for point B is excessively high
and the total weight of the system (5-unit) for point A is considerably
higher than the desired weight of 1000 Ibm. In addition, the total length
would be a limiting factor. Also, the helical screw compressors require
an oil supply system for coolinq, lubrication and sealing purposes.
Hence, this type of compressor is not a viable concept for the dynamo-
meters of specified requirements and desired constraints.

r

r
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RANGE AND REQUIRED NUMBER OF DYNAMOMETERS
WITH INLET AND EXIT VALVES

Introduction

The analysis concerning the feasibility of the various compressor

pressor concepts have established that only the dynamic rotary compressors

(centrifugal, radial outflow and axial compressors) would be suitable
for the future Navy dynamometers. As a result, only the dynamic rotary
compressors were considered for further analysis.r Based on preliminary analysis and further detailed analysis by NREC
design-analysis computer programs, a total of six compressor systems were
selected for the analysis of range achievable with inlet and exit valves.
The selected compressor systems are:

1. Single-Stage Centrifugal
2. Double-Entry Centrifugalr3. Tandem (2-Stage) Centrifugal
Li. Single-Stage Radial Outflow
5. Double-Entry Radial Outflow
6. 5-Stage Constant-Hub Axial

The scaling analysis discussed in the previous section has indicatedF that, for range analysis, it is sufficient to design one basic compressor
for each of the compressor systems. Therefore, the basic compressor wasIL sized for each of the above six compressor systems, and, for valid com-
parison, the basic compressors were sized for a common operating point
(Point A). The basic compressors were then analyzed for the achievable
range with inlet and exit valves at various rotational speeds. From the
range thus obtained, the six compressor systems were further analyzed for
the number of dynamometers required to meet all engine specifications.

included in this section are the results of these various analyses:
sizing of basic (Frame 1 size) compressor systems, range analysis, and the
analysis for the required number of dynamometers with inlet and exit valves.

Frame 1 Size Compressors

As explained earlier, the basic compressor systems were sized for a corn-
mon operating point so that a valid comparison can be made of the different

requires the largest physical size. The basic compressors are designated as

K Frame 1 size compressors and are sized to absorb an average horsepower of

10,000 hp at 7,000 rpm. The average horsepower is taken to be the average of

horsepowers at surge and choke operating points with standard inlet conditions.

I Sincc the original restriction on the maximum allowable diameter was later
I relaxed to be considered only as a guideline on the maximum physical size,
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the single staae centrifugal compressor was included as one of the three
centrifugal compressor systems for further analysis. The over-all geometry
and performance characteristics of these three compressor systems for
Frame I size are listed in Table XV. The geometries listed in the table
were finalized based on performance analysis by NREC design-analysis program
(PREDM) at 7,000 rpm. For the tandem and double-entry units, the pre-
liminary desicri values of these units for Point A (Table VIII) were used
as the initial values for the analysis. As such, the design geometries of
these units for Frame 1 sizes (FI-CC-T and FI-CC-D) differ very little from
those of the preli!oary configurations for Point A (A-CCT2 and A-CCD2)
As for the preliminary confiaurations, the geometries of these two designs
have certain common features: the first stage of the tandem unit is iden-

tical to that of one sid: of the double-entry unit and the second stage of
the tandem unit is a shroud-cut version of the first stage. Also, the
single-stage unit was obtained by scalinq up the stage geometry (one side)
of the double-entry unit. The exit tip diameter was increased by about 10
per cent and the exit passaqe width was increased by about 33 per cent to
match the Frame I size power absorption. The relatively high increase in
flow width resulted in about 4 per cent reduction in the value of rotor tip

L" diameter compared to that resulting from direct scaling.

In the case of the radial outflow compressors. an analysis of the
preliminary double-entry configuration for Point A (A-ROCD2, Table 111) by

Program PREDM of Reference 6 indicated the following:

1. With variable width across the rotor blades, the range extension

potential of this tyDe of compressor with variable shroud would
be limrited.

2. The preliminary value of the rotor exit tip diameter would dictate
a relatively lcw rotor inlet radius for rotor blade desions in the
range of aspect ratios or number of blades normally employed. For

low rotor-inlet radius, the inlet annulus area available between
this radius and the shaft would limit the high-speed operation by

inlet chokino.
3. Ar introduction of prewhirl would introduce a sinnificant reduction

in stable operating range.

Therefore, Frame I size double-entry confiquratior (FI-ROC-D) was

sized with constc7t rotor passage width, axial flow inlet, and rotor exit
radii considerahlv hiahcr than that of the preliminary design. As in the case

of centrifuqal compressors, a single entry unit was also sized as a scaled

version o. one side of the double-entry configuration with about 13 per

cent increase in the diameters and 35 per cent in the axial width of the

rotor. The result inq over-all geometry and design performance characteris-
tics of these two Frame 1 size compressors (FI-ROC-S and FI-ROC-D) are given

in Table XVI.

The detailed analysis of the axial compressors for sizing of the Frame I

compressor was performed with the use of NREC Program ZORBA (Ref 7).
For the initial analysis, the preliminary basic design configuration

I .L .. . . . . k _: . .. . . . .. .. . '' " r.. ' , m ' ' '.... i . . . _: _.J ii- : .: l ' -' ,
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(B-AC51) was scaled up for Point A and analyzed. The analysis confirmed
the earlier conclusion that it is, indeed, possible to design a five-
stage compressor for the dynamometer of specified requirements within the
initial limitation of 48 in for the over-all diameter. However, the
preliminary blading details of Table XII were found to require considerable
modifications from considerations of stage matching. Therefore, a 5-stage
constant hub diameter compressor, which offers some advantage in terms of
common blading between stages, was sized based on previous designs for
industrial compressors. In this design, comparatively high aspect ratios
were employed for the blade rows to help offset the additional weight
associated with higher tip diameters for the front stages. The initial
configuration thus obtained was analyzed by Program ZORBA. From the
results of the analysis, the Frame I size compressor was finalized as a
shroud-cut version of the initial design to match the Frame I size power
absorption. The over-all geometry and design performance characteristics
of this compressor (FI-AC5-H) are given in Table XVII. This compressor
has common blading as shown in Figure 14 - the stator and rotor blade
angles are independent of stages and are a function of the radius only.

Range with Inlet and Exit Valves

The Frame I size centrifugal and radial outflow compressor configura-
tions were analyzed by Program PREDM at various rotational speeds for
operation between surge and choke points. The surge points for these
compressors were established based on NREC surge criteria using the detailed
flow conditions at the impeller inlet and diffuser inlet. The choke points
were established based on the maximum flow capacities of the inducer and
exducer portions of the impeller. At low speeds where there is no choking

for pressure ratios above one, the choke point was taken to be the point
at which the oressure ratio is one. The results of the analysis were used
to obtain the performance characteristics (Fig 15 thru 19) pertinent
to the dynamometer application.

f. rAt each rotational speed, the variation of power with flow is very
nearly linear (Fig 15, 16 and 17) for centrifugal compressors.
This reflects the fact that, for radial impellers, the temperature rise
across the impeller would not vary significantly with flow at a fixed
rotational speed. Blades such as used in radial outflow compressors have
forward slopes (in the direction of rotation). The temperature rise across
the stages utilizing forward-sloped blades would increase at a given rotational.1 speed when the flow is increased from surge to choke. This accounts for the
rate of power increase higher than that of flow as shown in Figures 18 and

19 for the radial outflow compressors.

The axial compressor configuration was analyzed by Program ZORBA to
arrive at the performance characteristics shown in Figure 20 for various
rotational speeds between surge and choke operating points. The surge
point was based on NREC stall criteria for axial compressors and the
choke point was based on detailed flow calculations at the inter-blade
row stations. As for the centrifugal compressors, the choke point for
low speeds was taken to be the point at which the pressure ratio is one.

-- - ~- --- --- -
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Unlike the centrifugal compressors, the power for a fixed rotational
speed, decreases with increase in flow rate as shown in Figure 20 for
the axial compressor sized for the dynamometer application. This resultsI from a rate of decrease temperature rise across the stages greater than
the rate of increase of flow rate. This effect is very pronounced at
higher rotational speeds. The above power-flow relationship is akin toII that of centrifugal compressors with high backward-sloped impellers or
rotor blades.

The performance characteristics for the six compressors were obtained
with standard inlet conditions. Therefore, the power range shown in the
figures (Fig 15 thru 20) can be achieved by an exit valve as it can be
used to vary the operating point from choke to surge by closing the valve
area. With an exit valve, the inlet conditions to the compressor correspond
to the ambient conditions.

fop For a given rotational speed and exit valve setting, the compressor
woulId ope ra te a t a f ixed cor re cted flIow ra te (7* e-/S,= FO:~;~
The actual flow rate is proportionafl to the inlet pressure level, P,.
Therefore, an inlet valve could be used to decrease the flow rate and, hence,

fl the power absorption. The range of power modulation by an inlet valve, how-
ever, is set by the stage pressure ratio with the lower limit of inlet

pressure approximately equal to the ambient pressure divided by the stage
pressure ratio.

The minimum power achievable at a rotational speed depends on the
power-pressure ratio relationship of a compressor. For the centrifugal
and radial outflow compressors, the minimum power (with only exit valve)
occurs at surge points where the pressure ratio is also maximum. There-
fore, the minimum power with inlet and exit throttling for these compressors
would occur at surge points. For the axial compressor in which the minimum
power (with only exit valve) occurs at choke point, the minimum power with
both valves could occur anywhere between the two limiting operating points.
However, ti,, minimum power for Fl-AC5-H was found to occur at or very close

r to the surge points. Therefore, the minimum power with inlet and exit
valves for all the six compressors were defined as the power with standard
inlet conditions divided by the pressure ratio at the surge point for a

r given rotational speed. With the above definition and the performance
characteristics of Figures 15 through 20, the variation of power range with
inlet and exit valves for various rotational speeds were obtained (Fig 21'*1 thru 26).

Number of Frame Sizes and DynamometersrWith the established power range characteristics for the six Frame I
size compressors, an analysis was conducted for the minimum number of frame
sizes and dynamometers required to meet all seven engine design operating

points. The different frame sizes were obtained from F'rame I size by ap-
propriate scaling factors. In each frame size, different dynamometers were
obtained by changes to the shroud dimensions to increase or decrease the
flow capacity and, hence, the power absorption to meet the requirements of
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operating points. At each operating point, the required power reduction
is set at the specified minimum range of 2:1 with 10 per cent margin for
surge and choke. This resulted in a requirement of at least 2.44:1 power
range for the centrifugal and ROC dynamometers at the rotational speed of
an operating point with the maximum power at choke equal to or greater than
I.1 times the operating point power.

With the above set requirements, the minimum number of frame sizes
and dynamometers required to meet all operating points were obtained for
the compressor systems. The performance envelopes of the frame sizes and
dynamometers are given in Figures 27 through 32. It can be seen from the
figures that, for a given compressor system, the performance envelopes of
different dynamometers are identical except for the relative shift in their
positions. The relative shifts of these envelopes are along lines of constant
blade speed ratios (see Fig 10) when the basic shroud contour is not
changed. A change in the shroud contour would move the envelopes up or down
(along constant rpm lines) depending upon whether the change in shroud con-
tour was introduced to increase or decrease the flow rate. The relative

position of an envelope is, therefore, dictated by the linear scale factor,
SL, and the relative change in area, SA, resulting from the shroud change.

The minimum speeds of these envelopes correspond to 50 per cent of the
design equivalent speed, N The maximum speeds correspond to the blade
speed of the frame size obtained for Point B. The equivalent design speed,
Nd. is given by.3 NA - iooo/S (20)

where SL is the linear scale factor employed to obtain the required frame
size from Frame I, whose design rotational speed is 7,000 rpm. At equiva-
lent design speeds, the different frame sizes would, therefore, operate at
the same blade speed.

U'f  The details of the frame sizes and dynamometers are listed in Tables

* XVIII through XXIII. The details include the linear scale factor (S
applied to Frame 1 size to obtain other required frame sizes and the rela-
tive change in area (SA) introduced to the scaled frame size to obtain a
dynamometer to meet the requirements of a specific operating point or points
if more than one operating point could be covered by a single dynamometer.

The tables also list the design equivalent speed, the operating point or
points covered by a dynamometer and the operating speeds relative to the
design equivalent speed at operating points covered by the dynamometer.

.............. ..... .
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ANALYSIS OF RANGE EXTENSION WITH OTHER
POSSIBLE METHODS

Introduction

Apart from the analysis of the six Frame I size compressors forI range extension with inlet and exit valves, selected and applicable
compressors were analyzed for range extension by various other methods.
The various methods studied are:

1. Bleed Control
2. Recirculation
3. Water Injection
4. Variable Geometry

W Both axial and tandem centrifugal compressors were analyzed for the

range extension with bleed control. For the effect of recirculation on
power range, both the radial outflow compressor configurations were used.
The single-stage centrifugal compressor was analyzed for the effect of
water injection on the range extension. Under variable geometry, two
different concepts were studied: variable (rotatable) stator vanes and

variable (axially movable) shrouds. The former concept is used to
vary the total power by varying the power absorption per pound of flow
rate while the later is used to vary the flow and, hence, the total
power absorption. An axial compressor and two centrifugal compressor[ configurations (double-entry and tandem) were analyzed with variable
vanes. The variable shroud concept, which is suitable only for the
radial outflow compressors, was studied with both single and double-

r." entry configurations.

The results of these various analyses are given and discussed in
this section.

Bleed Control

FAxial Compressor

Interstage bleeds are used in multistage axial compressors to
adjust the blade row operating conditions relative to one another and
thus extend the range of the unit at a fixed speed. For the compressor
(FI-AC5-H) sized for the Navy dynamometer application, power range
can be increased if bleed results in the absorption of either higher

r power at the compressor surge point or lower power at the choke point J

or both.

At design speed, the last stage controls surge while all five
stages are operating with near maximum flow capacity of the choke point.
The limiting mass flow is, however, set by the last stage. At 60 per
cent of design speed, the second stage controls the surge mass flow while,

I once again, the maximum flow is set by the last stage. Hence, at design speed
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it is possible that interstage bleed can be used to decrease the minimum
power absorbed, while at part speed the range can be extended in both
directions. At higher than design speeds, the flow capacity of the unit
is limited by the inlet Mach numbers to the first and second rotors, and
the last stage continues to control the surge characteristic of comperssor.
Interstage bleed would, therefore, be completely ineffective as a power

range extension technique at speeds higher than design.

individual stage characteristics were used to obtain some quantita-
tive values of range extension at design (7,000 rpm) and at 60 per centF speed. It was determined that, at design speed, bleeds are ineffective
in reducing the minimum power. Due to the stage power mass flow char-
acteristics, all combinations of bleeds investigated resulted in higher
power outputs. As a result, it was then assumed the bleed system would
be specifically designed to operate at part speeds. Bleeds could be

located behind the second, third, and fourth stages to make the downstream
stages operate at their surge points with the second stage operation at
surge. Such an operation with bleed was found to result in only about
4.3 per cent increase in power. In addition, it was found that the use of
bleeds to decrease the power near choke is not possible since, for effec-
tive decrease in power, the unit would have to operate at pressure ratios
less than 1.0.

Centrifugial Compressor

As in axial compressors, interstage bleed could be used in multi-
stage centrifugal compressors. Therefore, a preliminary tandem centri-
fugal unit sized for Point A was analyzed for the effect of bleed on range

extension at 7,000 rpm and the results of the analysis are shown in
Figure 33.

The bottom line in the figure shows the variation of first-stage exit
corrected flow with the inlet corrected flow. The minimum exit flow of
50.3 lbm/sec is set by the second-stage surge. For any exit flow from the
first stage, the maximum bleed and, hence, the maximum reduction in power
is set by the second stage surge. The variation of maximum bleed that can
be obtained with second stage operating at surge point and the correspond-
ing variation of total power absorbed by the two stages are also shown in
the figure along with the variation of power without bleed. It can be
seen from the figure that the maximum power range corresponds to 45 per
cent bleed when the first stage is made to operate at choke and the second
stage at surge. The resulting maximum power ratio (hpm x/hp) that can

w be realized with bleed control is then 1.25 (11,900 hp 0o 9,6 hp) compared
* to a power ratio of 1.32 (11,900 hp to 9,000 hp) with exit valve alone.

When there is no bleed, the second-stage operation at surge corres-
ponds to the maximum pressure ratio across the first stage. With maximum
bleed to have the first stage operate at choke and the second stage at
surge, the pressure ratio across the first stage is at the minimum value.
Hence, the bleed is equivalent to a partial throttling by a valve at the
second-stage inlet from the pressure at the first-stage surge point to the
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pressure at the first-stage choke point. With simple inlet throttling,
the power could be reduced by a factor of 2.76 at the surge point. Also,
the inlet throttling or valve could be combined with exit valve to
effect a total power variation of 3.64:1.

The bleed, on the other hand, cannot be combined with exit valve to
effect further extension in range since the minimum total power ebsorption
with bleed is always higher than that which could be obtained with exit
valve (Fig 33). The inlet valve, however, could be combined with bleed to
increase the power range. But the effect of inlet valve would be less

I. since the pressure ratio across the two stages with bleed is reduced due to
the first-stage operation at choke. The combined range that can be realized
is 2.5:1 compared to a range of 3.64:1 with inlet and exit valves. Also,
an exit valve may be required along with bleed and'or an inlet valve to help
set the operating points for the maximum potential range. Hence, bleed
control is not an effective method for extending the range of power absorptionI in the tandem centrifugal compressor unit.

Recirculation

IIf part of the high temperature flow at the exit of the impeller is
recirculated back to the inlet, the inlet temperature of the mixed flow
would increase resulting in higher temperature rise across the impeller.

Such an increase in temperature rise would increase the power absorption
per pound of air entering and leaving the compressor. The increase in
temperature of the mixed flow entering the impeller would, however, decrease
the actual mass flow rate entering the impeller. Therefore, the increase
in total horsepower depends on the degree to which the effect of temperature
rise predominates over that of decrease in mass flow rate.

An accurate estimation of the power increase by such a recirculatory
flow system is unnecessary unless it proves to be a promising concept for

*power range extension. Therefore, an approximate assessment of this effect
L on power for both the radial outflow compressor configurations (FI-ROC-S

and F2-ROC-D) was made based on the following assumptions:

1. The inlet total corrected flow,iftr%/,remains constant.
2. The ,ecirculatory flow mixes with the inlet flow without any

pressure loss.
3. The temperature ratio, TRP across the rotor is unaltered.

With the above assumptions, the following relationships for the power ratio

and the exit temperature can be obtained:

Rp = (I + RWTR) / (I + RW) (21)

TT2,R = (I + RwT R  (I + RW )  (22)

where R = Power with recirculation/Power without recirculation

I and RW M Recirculatory flow/inlet flow

ILIl
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With the above relationships, an analysis was made for the effects of
recirculation on the power and exit temperature of the compressors at the
design operating point (Point A). The results of the analysis shown in
Figure 34 indicate that the increase in power is less than 15 per cent even

for recirculatory flow rate equal to the system inlet flow rate when 50
per cent of the exit flow is recirculated through the impeller. Also, as

shown by the temperature limiting line for the use of aluminum (Ref 8),
recirculation would necessitate the use of titanium or steel ductings for
recirculatory flow in addition to titanium or steel impellers even for
comparatively small increase in power absorption. The results are also not
expected to be significantly different for other compressor systems. There-
fore, recirculation is not a viable concept for range extension of dynamo-
meters with air compressor as the power absorber.

Water Iniection

The single-stage centrifuqal compressor (FI-CC-S) was used to analyze
the effect of water injection on the range extensicn. For the analysis, it
was assumed that the air enters and leaves the impeller at saturated con-
ditions. The effect of evaporation was calculated to decrease the inlet
temperature by 24 degrees and the exit temperature by 165 degrees. The
inlet and exit temperature drops correspond to humidity ratios (mass of
water vapor/mass of dry air) of 0.005 and 0.039, resnectively, for the
inlet and exit flows.

3 The decreased temperature level would result in increased flow capacity

of the machine. Since the maximum flow capacity of the unit is set by inducer
choke, the increase in maximum flow would only result from the decrease in
inlet temperature. An analysis by the NREC design analysis program (Ref 6)
indicated that such an increase in maximum flow based on inducer chcke would

L. amount to only 2.1 per cent. However, the evaporation between the inlet

and exit of the impeller is calculated to be 3.4 per cent of the air. There-
fore, the actual increase in maximum mass flow of air-vapor mixture leavine

K the impeller is 5.5 per cent for complete saturation.

The power absorption is, of course, directly proportional to the flow

and the work per pound of moist air. The gas properties of moist air are

different from those of the dry air and the exit temperature of the flow is

considerably reduced due to evaporation within the impeller. Nevertheless,

these changes were found to be insignificant in work per pound of the moist

air. Hence, the maximum increase in power that can be realized by water

injection for complete saturation of air at the exit of the impeller is only

5.5 per cent. Therefore, water injection in single-stage centrifugal units
does not result in significant improvement in range. It is also expected
that range extension with interstage water injection would not be signifi-

cant in multistage units. Hence, water injection would not be an effective

method for significant range extension required of compressors for dyna-
mometer applications.

1 - - ~ - - - - - - - - - - - - - I - _
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Variable Geometry

Axial Compressor with Variable Stator Vanes

Variable blade-row stagger settings can be used to adjust compressor
stage matching at constant speed, and hence, to vary the power absorption.I The matching adjustment can be accomplished by varying any combination of
rotor and stator rows. For the Navy dynamometer appl icat ion, it has been as-
sumed that only the stator rows are variable due to the mechanical complexity

(i.e. cost, weight and reliability) of variable rotors. The last row acts onlyL b as a throttle to the preceding rotor; as such it is not considered in the
power range extension by variable geometry. The achievable range extension
by adjusting the inlet guide vane and first four stator-row stagger angles
on the configuration Fl-AC5-H was analyzed using the NREC axial compressor
program ZORBA, Reference 8. For the analysis, it was also assumed that the

PC stator vanes would be opened or closed in unison; this would provide mech-
anical simplicity while providing a good estimate of the maximum range
achievable from an aerodynamic point of view. The maximum power absorbed
by the compressor can be increased by opening the stators while continuing
to operate the machine near the surge point, the minimum by closing the
vanes at low levels of back pressure. Therefore, variable geometry could
only be considered with an exit throttle system for range extension.

From the analysis, it was found that the maximum power achievable
with design settings could be increased by 8 per cent when the vanes are
opened by 7 degrees. Further increase in power is not possible since theF1 rotor rows were found to operate at their limiting flow rate for this
opening. The minimum power, however, could be decreased by 38 per cent
when the vanes are closed by 15 degrees. Further closing of the vanes was
found to result in flow instabilities for all operating points at 7,000 rpm.
Therefore, the power ranqe extension achievable solely due to the use of

* variable vanes is 1.74:1. Since this range extension is applicable to the
already achievable range (1.53:1) with exit valve, the total range of power

~1 with variable vanes in conjunction with an exit valve is 2.66:1. This total
range, however, is less than the 3.2:1 power range achievable with inlet
and exit valves at 7,000 rpm. Also, the variable-vane concept would beI: mechanically more complex compared to a simple inlet valve for throttling.
Therefore, the method of power modulation with variable vanes in combination
with an exit valve is inferior to the method involving simple inlet and:4 exit valves in the case of the axial compressor sized for the dynamometer
application.

Centrifugal Compressors with VIGV

Double-Entry Configuration

The effect of variable inlet guide vanes (VIGV) in conjunction with
an exit valve on range extension was investigated in the case of configuration
F2-CC-D at 7,000 rpm. For this analysis, a free vortex type of swirl
distribution was introduced at the impeller inlet. This type o. ;wirl
distribution would result if the iGV assembly is situated in a radial passage
upstream of the rotor.
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The variation of horsepower with inlet flow for various average flow
angles at the impeller inlet is shown in Figure 35. The maximum opening
is limited to -20 degrees since a higher flow angle would not result in

a stable operating range. Similarly, a range of stable operation is not
possible for flow angles much higher than +40 degrees caused by high
negative incidences at the hub region. In general, the maximum possible
variation in swirl is limited to 60 degrees in centrifugal compressors.

it can be seen from Figure 35 that the maximum range achievable with

VIGV and exit valve is 3.18:1. This range is about 21 per cent higher
than the range obtainable with simple inlet and exit valves. It should
be noted that the pressure losses across the IGV, which are not introduced
in the analysis, would introduce some inlet throttling effect. Since this

throttling effect would reduce power at both negative and positive swirl
angle settings, the range would not be significantly affected by the IGV

losses. Therefore, the method of power modulation with VIGV and exit

. valve offers a slight advantage over the method employing only inlet and
exit valves.

Tandem (2-Stage) Configuration

As in the case of the double-entry configuration, the VIGV (upstream of

the first-stage) could be used along with an exit valve in the tandem unit

(FI-CC-T) for extension of power range. The range extension achievable in
the tandem configuration would, however, be very limited as the second
stage is found to control the surge and choke operation. To achieve the
range of power approaching that obtainable in the double-entry configura-:1 tion, would, therefore, require an additional set of variable vanes up-
stream of the second stage. This would introduce additional mechanical

complexity. However, VIGV could be used to throttle the inlet in addition
to effecting power modulation by varying the inlet swirl angle. Therefore,

configuration FI-CC-T was analyzed at different rotational speeds with
VIGV-throttle and exit-valve combination.

VIGV could be set either in a radial duct or in an axial duct upstream

of the compressor. Introduction of swirl with radial vanes would result
in nearly constant radial distribution of meridional velocity at the com-
pressor inlet. The swirl angle would, however, not be uniform radially and

its distribution would be very close to that corresponding to a free-vortex
type of flow.

On the other hand, the radial distribution of swirl angle introduced
by axial vanes would be very nearly uniform and the distribution of meri-
dional velocity would be dictated by the radial equilibrium conditions.
As a result, the radial distribution of flow conditions at the impeller

inlet with radial vanes would be different from those with axial vanes for

a constant mean swirl angle. An initial investigation indicated that axial

vanes would have a larger operating range. Therefore, the VIGV were assumed
to be axial vanes for the analysis of range by NREC design analysis Program
PREDM (Ref 6).

'1
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The results of the analysis are shown in Figure 36. The top two
lines in the figure show the maximum variation in average swirl angle
that can be introduced without introducing flow instabilities. A com-
parison of the ranges with and without VIGV for inlet throttling indi-
cates that the range with VIGV inlet throttling is not significantly
greater than that which can be achieved with inlet throttling by a simple
inlet valve. However, the required number of dynamometer units could be

reduced with this modest increase in range which remains at about 20 per
cent up to 7,000 rpm and then decreases to a lower value of 8 per cent

when the rpm is increased to 9,100 rpm.

Radial Outflow Compressors with Variable Shroud

( The Frame 1 size radial outflow compressors could be provided with
a movable shroud as illustrated below for power modulation by means of
flow variation.

Movable Shroud

r

In an ideal compressor with such a variable shroud, the power would be

r'7 proportional to the flow width. In an actual compressor, however, the power

reduction would be less than the reduction in flow path area due to several
effects: recirculation within the closed impeller passages, recirculatory
effect associated with the flow leakage from exit to inlet, and disk friction.
The disk friction was calcualted to be too small to effect any significant

change in power variation within the range of power reduction of interest.
The effect of leakage flow - mixing of exit leakage flow with the inlet flow-
can be assessed on a very approximate basis with the simple relationships
(Equations 21 and 22) developed earlier for the effect of recirculatory flow
from exit to inlet.
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A rigcrous analytical investigation of the effect of complex recircula-
tion within the closed impeller passages is very nigh impossible. Neverthe-
less, a crude estimate of this effect can be made by the following simplify-
ing assumptions:

1. The impeller exit corrected flow remains constant
2. The temperature rise across the stage is given by (1 + RW)

IL 3. The pressure ratio across the stage is unaffected

The above simplifying assumptions result in the following expressions
for the power ratio and the exit temperature

I = (1+ /2 T. )
R I( + R (T i R

TT2R = TTI I + (T -1)(l + RW) (24)

L. where R' = Power with passace-recirculation'Power with no recirculationP
R = Recirculatory flow/Inlet flow (tR/1)

TR = Temperature ratio across the rotor without any recirculation

Figure 37, based on these relationships, shows that the effect of
recirculation on power absorption is almost independent of the configuration
at the design operating point; however, the effect on exit temperature is
slightly higher for the single-stage configuration. Also, for high re-I /wtreeea

circulation - either due toa high value of RO or smaller R with regenera-
tive flow pattern with n pattern for which te temperature Wrise could be
increased by 11 + nRw) - the exit temperature could even reach the limiting
temperature for titanium alloys.

A comparison of this recirculation effect with that due to leakage
(Figure 34 vs Figure 37) indicates that the effect of former (passage-
recirculation) in increasing the power absorption is several times higher
than that due to the latter. For instance, the increase in power for 100
per cent recirculation within the blade passages is about five times that
associated with leakage-recirculation. Also, unlike the leakage-recircula-
tion effect, the blade-recirculation effect does not taper off for large
increases in recirculatiory flows.

From the relationships for the two types of recirculation, the power
range for a reduction in axial width of the rotor passage from b to b2can be expressed as

HPI  b R. x R /

HP = b x RpI P1  (25)

2 2 R xRt p2 x p2

and the resulting exit temperature as

TT2 2 = Tl(I + TR )/(I + R) I + (TRl) (1 + Rw2) (26)

j |where TTi is the inlet temperature without any recirculation
IT_
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The above relationships could be~used to arrive at an estimate of the
achievable power range and the associated exit temperature level if
the variations with the shroud movement of leakage and passage-recir-
culatory flow are known. The amount of leakage could be calculated after
a detailed design. The passage-recirculatory flow is, however, difficult
to estimate even after the completion of a detailed design. Nevertheless,
the potential range attainable with the variable-shroud concept could be
assessed with some assumptions about the leakage and recirculatory flow
fractions. For such an analysis, the following assumptions were made:

1. The leakage and passage-recirculatory flow fractions are
equal: RW =R

w
2. At the design maximum opening of the rotor blade passage, the

leakage and recirculatory flows amount to 2 per cent of the
inlet flow: RW a RW 0.02

3. The flow fractions are inversely proportional to the blade
passage width

With the above relationships and assumptions, the effects of width reduction
on power range and exit temperature were obtained (Fig 38) based on
design operating conditions. As shown in Figure 38, the power range is
independent of the configuration and it is about 25:1 for a 50:1 reduction
in the axial width of the rotor. The maximum reduction is, of course,
controlled by the practical limit on running clearances.

For the single-stage unit, a reasonable clearance value would be 0.10 in,
for which the width reduction is 48:1 and the associated power range is close
to 25:1. This range, however, could not be achieved with titanium alloys, as
indicated by the temperature limiting line in Figure 38. Even for this tem-
perature limitation, a 23:1 power range could be achieved.

SIf we reduce the clearance value assumed for the single-stage unit pro-
portional to the rotor exit diameter, then the available width reduction
would be 40:1 for the double-entry unit. This reduction would correspond to
a power range of 22:1.

In essence, the above analysis based on what were judged to be reason-
able assumptions indicates that the variable-shroud concept has the potential
of a 20:1 power range. Even if the various effects and limits associated
with this concept are much larger than those assumed for the analysis, a
power range of 10:1 seems to be a definite possibility.

<p
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SELECTION AND DETAILED ANALYSIS OF THREE

COMPRESSOR SYSTEMS

Introduction

Based on the feasibility and preliminary analysis of various compressor
concepts, six compressor systems representing three types (centrifugal, radial
outflow, and axial) of dynamic rotary compressors were selected. These se-
lected compressor systems were then studied for range extension and required
number of dynamometers with inlet and exit valves. In addition, selected and
applicable compressor systems were studied for range extension with other

r possible methods.

The results of the above analyses indicate that compressor systems in
each type do not differ as much between them as they do compared to the com-
pressor systems of other types. Therefore, one in each of the three types of

I. compressor systems with promising methods of power range extension was se-
lected for further analysis. The three selected compressor systems are:

o1. Tandem centrifugal compressor with VIGV-throttle and exit valve.
2. Single-stage radial-outflow compressor with variable shroud.
3. Axial compressor with inlet valve.

The three selected compressor systems were then analyzed for the number
of dynamometers required to cover the range of specified engine design points.

FIn addition, preliminary mechanical design and analysis, including layout of
the selected compressor systems, was conducted. Also conducted was a prelimi-

and exit valves.

Included in this section are the results of the above analyses dealing
with, one, the selection of compressor systems; two, the number of dynamometer
units required of the selected compressor systems; three, the control system;
and four, the preliminary mechanical design and analysis.

rSelection of Compressor Systems for Further Analysis

The physical details and operational characteristics of the six Frame I-
size compressor systems are listed in Table XXIV. Of the various range exten-
sion methods other than the simple inlet and exit valves, only the variable
geometry was found to be effective. Therefore, the range with VIGV for centri-
fugals and variable shroud for radial outflow compressors are listed inr Table XXV along with the range and requ:red number of dynamometers with inlet
and exit valves for the six compressor systems. A comparison of the required
number of frame sizes and dynamometers indicates that the configuration CC-T
is superior to the rest of the configurations, since it requires only 3 frame
sizes instead of 4, and only 5 different dynamometers instead of 6 or 7 re-
quired by other configurations to cover the seven operating points. This
mainly results from higher range in the required range of operating speeds,

I as evidenced by Figure 39.

.7
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A comparison of this configuration with configuration CC-D indicates
that CC-D does not offer any other advantage in terms of size or weight.
Also, the maximum range of CC-D with VIGV and exit valve (3.18) is also less
than the range of CC-T with simple inlet and exit valves (3.75). Configura-
tion CC-S has less weight compared to CC-T, but it is bigger in size (maximum
casing diameter). Also, the growth potential of CC-S to high speed-high power
application is limited, since the range of Frame I size starts to decrease be-
yond 8,400 rpm (N/N > 1.2 for other frame sizes), as shown in Figures 15
and 39. Further, t~e range extension in CC-S with VIGV and exit valve is es-
timated to be less than the corresponding range extension obtainable in CC-D,
for the maximum range for CC-S with exit valve is only 1.268 compared to a
value of 1.482 for CC-D. Therefore, configuration CC-T was selected from among
the three centrifugal compressor configurations for further study. Since the
increase in range achievable with the use of VIGV also as an inlet valve for
throttling could be used to still reduce the number of dynamometers, the cen-
trifugal dynamometer system was selected as the compressor configuration CC-T
with VIGV-throttle and exit valve.

A comparison of the two ROC configurations indicates that they are simi-
lar in many respects: range with inlet and exit valves, range with VIGV and

exit valve, potential range with variable shroud, and required number of frame
sizes and dynamometers with inlet and exit valves. The configuration ROC-S
is, however, lighter in weight but has a larger casing diameter. The configu-
ration selected from these two should, of course, be used with variable shroud,
which offers a very high potential range. Introduction of variable shroud in
ROC-D could, however, present a more complicated mechanical problem, for two
separate shroud structures must be moved in unison. An inlet valve could also
be combined with variable shroud to help ensure the range level appears achiev-
able with variable shroud alone. Therefore, ROC-S with inlet valve and vari-
able shroud was selected for further study.

The required number of frame sizes and dynamometers is comparatively
high for configuration AC5-H. Also, the range at part speed is very limited,
as shown in Figure 39. However, it offers advantages both in weight and maxi-
mum diameter. As opposed to centrifugal and ROC compressor systems, the num-
ber of stages in axial compressors could be readily increased to improve the
part-speed performance. Further, the maximum available range with both inlet
and exit valves could be very nearly achieved by inlet throttling alone.
Apart from these considerations, it represents an alternative concept to the

other two selected systems. Therefore, configuration AC5-H with inlet valve
was also selected for further study.

Number of Frame Sizes and Dynamometers for the Selected Compressor Systems
M Tandem Centrifugal with VlGV-Throttle

and Exit Valve

From the variation of maximum power with speed (Fig 17) and the varia-
tion of range with speed shown in Figure 36, the minimum number of frame sizes
and dynamometers required to cover all engine design points were obtained.

|i The performance envelopes and the details of the frame sizes and dynamometer

I
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units are shown in Figure 40 and Table XXVI. A comparison of these details
with those for dynamometers with simple inlet and exit valves (Table XX) in-
dicates that the use of VIGV for inlet throttling results in a reduction of

one dynamometer, requiring only four dynamometers out of the three required
frame sizes.

Single-Stage ROC with Variable Shroud

Due to the wide variation in rotational speeds of the engine design
points, the number of frame sizes and, hence, the number of dynamometers can-

not be reduced below three even if an infinite power range (0 to maximum) is
possible. To reduce the number of different dynamometers to three, however,
requires a range of only 6:1; a range which can be easily achieved in ROC
equipped with a variable shroud. Therefore, the performance envelopes and
the details of the three dynamometers (Figure 41 and Table XXVII) were ob-
tained using a 6:1 power variation. Since the variation of maximum power
with speed for ROC-S is essentially the same as that for ROC-D, the perfor-

mance envelopes and the details given in Figure 41 and Table XXVII are appli-
cable to both single-stage and double-entry configurations.

Five-Stage Axial Compressor with Inlet Valve

Earlier, the range associated with inlet valve was taken nominally to be

equal to the pressure ratio at surge point, as it is the most determining fac-
tor controlling the amount of inlet throttling. If the compressor is made to
operate at or near surge point for maximum inlet throttling, then the power
range extension for zero downstream losses will be equal to the pressure ratio

K I at the surge point. However, the surge point or an operating point with a
required surge margin and the corresponding inlet corrected flow will remain
constant only up to a certain inlet throttling. Closing of the inlet valve
beyond this throttling point will result in reduced inlet corrected flow and,
hence, change in operating point with reduced surge margin. If an exit valve

yr.' is used in conjunction with the inlet valve, the exit valve could be opened
to maintain the nondimensional operating point with the required surge margin.

In the case of systems with inlet valve only, the initial operating point
(without inlet throttling) could be made to have high surge margin (near choke)

by proper sizing of the exhaust duct and orifice. In this way, the effective
U range could be extended from what could be obtained with an initial operating

point at the minimum required surge margin. Therefore, the maximum effective
range with inlet valve depends on the minimum or surge flow operating point

I and the initial operating point.

The exhaust duct and orifice which set the initial operating point at a
particular pressure ratio and corrected exit flow will require a certain pre3-
sure drop downstream of the compressor at or near surge point where the exit
corrected flow is less. Hence, the amount of inlet throttling at or near
surge will be less than the pressure ratio across the compressor. If we as-
sume that the inlet throttling is carried up to the surge point, then the
maximum effective range is given by

!iI
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H P AlP. x (27)max min H P PEs R,e
whe re H P is the horsepower at the initial operating point

0

HP is the horsepower at surge without inlet throttling

P R,s is the compressor pressure ratio at surge

and P is the exhaust pressure ratio required by the duct and orifice
Reat surge.

The maximum effective range thus achievable with inle. .r the
five-stage axial compressor (FI-AC5-H) was analyzed at 7,000 rpm. For the

F p analysis, the exhaust duct and orifice were assumed to be represented by one

single equivalent orifice. The results of the analysis are presented in
Figure 42 as the variation of effective range from surge to choke with inlet
corrected flow at the initial operating point. When surge is the initial

E operating point, PR e is the minimum pressure ratio required for the equiva-
I lent orifice to operate at choked flow condition.

It can be seen from the figure that the maximum effective range with in-
let valve is 2.28:1, and it is considerably less than the range (3.2:1)
achievable with inlet and exit valve. This reduction in range results from
the fact that, in addition to the effect of exhaust pressure ratio, the horse-;~3 power at the initial operating point for maximum effective range is less than
the horsepower at surge point without inlet throttling. Even though the maxi-
mum effective range of 2.28:1 at 7,000 rpm would just meet the range criterion
(the minimum power range should be at least 2:1 with about 10 per cent surge
margin) for Point A, the effective range would be less for the dynamometers
sized for other operating points which require the dynamometers to operate at
blade speeds less than the design blade speed, as the reduction in range isF significant for lower speeds (Fig 39). Therefore, it was concluded that
the axial configuration AC5-H should only be considered with both inlet and
exit valves.

Control System and Torque Measurement

Control Configuration

The function of a control system for air dynamometers is to match its
power absorption with the engine power at the required testing conditions of
the engine. The control can be considered at two levels of complexity. The
first is a simple level where the operator can manually match the power by
acting to close the control loop between the output parameters and the input
signal. In the manual control mode the input signal would need some power
amplification to cause the dynamometer to change power. In the second level
the loop can be automatically controlled with either a torque or a speed in-
put, depending upon whether it is a turboshaft engine or a turboprop engine.

A possible control configuration is presented in Figure 43.
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Weight of Controls with Valves

A preliminary assessment of the weights associated with the control sys-

tern for the inlet and exit valves was based on the sizing of inlet and exit
valves. The valves were sized for the six Frame I-size compressor systems
using the design mass flow rate, i; pressure ratio, P and temperature ratio,
T The valves were assumed to be the coaxial cylinder type. The thickness
oTsuch a valve can be expressed as

, = (28)

I where D is the valve diameter (ft)

O is the allowable stress (psf)

and A P is the maximum pressure drop across the valve (psf)

From the orifice equation, the maximum orifice area for the valve can be
obtained as

Y(29)

where Cd is the discharge coefficient

is the density of gas (Ibm/ft 3

and A P is the minimum pressure drop across the valve (psf)
v2

If it is assumed that the valve skin area is equal to the maximum orifice
area, then the weight of the valve is given by

I A 1 v(30)

Iwhere m is the density of the material (lbm/ft 3)

If the maximum and minimum pressure drops are related to the design pres-
I sure ratio, PR' and the ambient pressure, Pa' by the following relations:

Pvl = (PR-I) P (31)

Pv2 = 0.O(P -I)P (32)

then the weight of the valve can be expressed as

-2'-P C )(33)

I a

- - -- 1
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With the above formula, the following assumptions were used for the cal-
culation of the weight of inlet and exit valves:

I. The value ofCA is 0.8.
2. The value of twin/a. is 8.0 x 10-5 lbm/lbf-ft.
3. The diameter of the inlet valve is equal to the rotor inlet tip

( I diameter and that of the exit valve is equal to the rotor exit tip

The total weight of the valves thus calculated were multiplied by a factor ofI 4 to obtain an approximate estimate of the weight of the control system which
will include support, controls, and power supply in addition to the valves.
The weights of the control system shown in Table XXVIII for the various comn-I pressor systems indicate that the control system would not significantly af-
fect the weight of the compressor systems, as they are less than 15 per cent
of the preliminary values of the compressor weights shown in Table XXIV.

Torque Measurements

The torque sensing means can be by a rotating torque sensor, a load cell
Li acted upon by a trunnion-mounted dynamomneter, or a flexure pivot table upon

which the dynamometer is mounted. The rotating torque sensor has the advan-
tages that it is insensitive to any extraneous torques and that it is simply
installed on any dynamometer. Rotating torque sensors are relatively expen-
sive, as they require high speed bearings, slip rings, or rotary transformers.
Slip ring brushes must be replaced periodically, but a simple procedure is in-I volved. Trunnion bearings have inherent friction and require elaborate mount-
ing design for the dynamometer. Both the trunnion and flexure pivot mounts
must contend with extraneous torques due to supply lines and momentum fluxr from inlet and exit flows. Flexure pivot tables are not usually found in the
large size required by the dynamometers of interest.

Preliminary Mechanical Design and Analysis

A preliminary mechanical design and analysis were conducted for the
three selected compressor systems. Based on the analysis, the preliminaryI, design layouts of the dynamometer systems were obtained as shown in Figures 44,
45, and 46. The analysis included the estimation of weight and cost, the cal-
culation of important stresses, and an assessment of the design complexity.

Weight Analysis

Using the preliminary design drawings shown in Figures 44, 45, and 46,
the volume of the various components was calculated and then multiplied by
the appropriate density to estimate their weight. The materials are taken
to be steel for shafts, titanium for the stressed rotating parts, and alumi-
num for all stationary parts.

The wp'nihts of the systems thus calculated and shown in Table XXIX indi-
cate that tl. values are considerably higher than those estimated earlier
for these compressor systems. In addition to the weight of the inlet and ex-

haust ductings which were not considered earlier, the increase in weight also
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results from various other factors: use of steel rather than titanium for
shafts, use of titanium for all rotating parts rather than for stages with
high temperatures, and a casing thickness of around 0.8 in instead of 0.5 in
assumed earlier.

Cost Estimation

r The cost of the materials was the basis for the estimation of cost for

the different compressor systems. The material cost of a component is de-

rtermined from

CM = WMFwFT  (34)

where W is the weight of the component

M is the material cost ($1.50/Ibm for steel, $1.25/lbm for aluminum,

iPP and $2.00/Ibm for titanium)

FW is the wastage factor (1.1)

r and FT is the tooling factor (1.1)

The usual manufacturirng cost for a component purchased from an outside
source is about five times the material cost. Therefore, the total cost for
a component is given by

r C = 6CM (35)

The summation of the component costs thus calculated was used to arrive atF the cost of the compressor systems shown in Table XXIX.

Stress

The important stresses in the compressor systems are the stresses in the
disk and in the blades. In a disk with a central hole, the maximum stress is
the tangential stress, and it occurs at the inner radius of the disk. For the
centrifugal and radial outflow compressors, the maximum tangential stress was
obtained as 60 per cent of the stress calculated for a disk of uniform thickness--
the percentage factor is based on the level of reduction achieved in previous
NREC designs for proper profiling of the disk. Similar reduction was not done
for the axial compressor to account for the disk rim stress caused by the blade
centrifugal forces. The stresses thus obtained and shown in Table XXIX could
be almost halved by a solid disk design.

The maximum blade stress is usually at the blade root. In a centrifugal
compressor with radial blades, the maximum root stress is at the inducer.
Therefore, the root stress for the centrifugal as well as the axial compressor
was calculated employing simple relationships for centrifugal stresses based
on annulus area, rotational speed, and material density.

In the case of the radial outflow compressor, the blade root stress mainly
results from the bending moment caused by the centrifugal force associated

AWTw
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with the blade weight. Therefore, a preliminary blade shape of impulse tur-
bine type with 20 per cent maximum thickness-to-chord ratio was obtained, and
its sectional properties were calculated. From the sectional properties and
the centrifugal force, the maximum root bending stress was obtained.

The values of root stress thus calculated and shown in Table XXIX do
not include any effect of blade taper from root to tip. A 2:1 taper, for in-
stance, would reduce the root stress of the centrifugal and the axial compres-
sor blades by about 25 per cent and that of the radial outflow compressor
blades by about 33 per cent. With a constant outer blade profile such as
would be considered for the radial outflow compressor rotor, the taper can be

introduced by the use of a hollow blade design.

I Design Complexity

p This analysis was mainly confined to the complexity associated with the
design, detail, checking, and assembly of the systems. For this, the number
of required parts, number of required drawings, and the man-hours required
for design, details, and checking were obtained and listed in Table XXIX.
The man-hours depend on the number of drawings as well as the size of each
drawing. Depending on the complexity, a component is drawn on an "A" (8 " x
11"), "B" (11" x 17"), "C" (17'' x 22"), "D" (22' x 34") or an "E" (34" x 44")
size drawing requiring 8, 16, 24, 32, or 40 man-hours.

r
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DYNAMOMETER SYSTEM EVALUATION

I Introduction

Or The first objective of the evaluation is to review the good and bad
features of selected compressor systems. The second objective is to list
recommendations as to the optimum system.

As discussed in the earlier section, three compressor systems were se-
lected and analyzed in detail for performance, weight, cost, and operating
stress levels. These are the tandem (2-stage) centrifugal with VIGV-throttle
and exit valve, the single-stage radial outflow with a variable shroud, and
the five-stage axial with inlet and exit valves. Initially, these three
compressor systems were evaluated, and a relative rating of each system was

established. The evaluation and subsequent ratings of these three systems
indicated the desirability of evaluating the double-entry radial outflow as
well as an axial compressor with increased number of stages. Therefore, a
double-entry radial outflow with variable shroud and a ten-stage axial with
inlet and exit valves were included in the rating analysis prior to the final
recommendation as to the optimum system.

For the evaluation, six different categories are employed: applicabil-
ity, controllability, cost effectiveness, configuration, safety, and environ-
mental effects. Under each category, several different factors are used for
the analysis of relative merits of the dynamometer systems. The relative
rating of each system is performed by assigning numbers to each factor based
on its importance and the available performance or design quantity associated
with that factor.

*I Applicability

The applicability of a dynamometer system can be judged by three factors.I | These are the number of dynamometer units or models required to cover the
specified range of engine design points, the power range possible at the de-sign points, and the ability to change rotation.

Number of Frame Sizes

Ideally, it would be desirable to cover the specified range of design
power and speeds with only one dynamometer model. This is not feasible with
an air dynamometer because of the limitations of tip speed and air flow capac-
ity. It is also recognized that the seven specified points (Points A to G)
are not specific engine ratings but represent the centers of possible design
points. The number of dynamometers required, therefore, may vary, dependent
upon the exact design power and speeds to be handled. However, for the pur-
poses of this evaluation, a good qualitative judgement can be made on the
relative merits of each design by assuming the seven design points to be
fixed.

I 'I-
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With an assumed minimum power range of 2.4:1 at constant speed, four
units or models of the tandem (2-stage) centrifugal dynamometers will be re-
quired to cover the seven design points (Fig 40). This can be done by only
three frame sizes and by producing a smaller capacity machine by machining
back the impeller shroud contours. This is not a significant advantage, as
the reduced flow impellers and shroud components must be treated as addi-
tional parts in inventory. Since these components represent a major portion
of the dynamometer cost, there is only a small savings in the initial tooling
costs. Four separate dynamometer assemblies must still be kept in the Navy's
test facility inventory.

The variable-shroud radial-outflow dynamometer (VSROC) required only
three models to cover the seven design points for the 2.4:1 power range
(Fig 41). Each of these models represents a frame size in itself.

The five-stage axial compressor requires seven different models to cover
the seven design points (Fig 32). These seven models can be obtained from
four basic frame sizes by using the shroud cut method to create three addi-

tional models. Again, the key factor to consider is that seven separate as-
semblies must be kept in inventory. Each of these machines will have a com-
monality of only a few minor parts. The key components such as the disks
and the outer casings must be treated as noninterchangeable parts.

From the above it is apparent that the VSROC dynamometer is the most de-
sirable concept because of the few models required.

. Power Range

The minimum power range at each design point is specified to be 2:1.
For the calculation of the required number of frame sizes and models, a power
range of 2.4:1 was assumed to account for some operating margin away from
surge and choke. However, the desirable power range is considerably larger.

L Turboshaft engines are required to hold constant speed from flight idle to
full power. During the testing of such engines, it is desirable to operate
transiently to insure the functioning of the acceleration and decelerationschedules and other limits within the controls. A dynamometer having 10:1

power range can, therefore, be used not only to check the full power capabil-

ity of the engine but also to confirm that the control system is functioning
properly. It was, therefore, concluded that an important feature of any dyna-
mometer is its power range at constant speed.

The tandem centrifugal dynamometer has a power range of 4.4:1 at design
speed. The average power range (average of the power ranges at all seven en-r gine design points) is slightly higher at 4.6:1. However, the range for this
dynamometer is reduced at speeds below the design value (Fig 36).

The VSROC dynamometer is required to have only 6:1 power range for the
minimum number of models and frame sizes. The maximum potential range, how-

ever, is estimated to be around 20:1. Therefore, it is possible to obtain
at least 10:1 power range in this dynamometer concept. Also, the 10:1 power
range could be achieved at part speeds.

------ ............ .....
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I The five-stage axial has a maximum power range of 3.2:1 at design speed,
and the average range is slightly less at a value of 3.0:1. In addition, the
part-speed range for this dynamometer reduces drastically, as evident from

Figure 39.

It has been concluded here that the power range at constant speed is ar very important parameter and that the VSROC dynamometer is far superior to the
other two types in this respect.

j Direction of Rotation

It is desirable that a dynamometer be capable of loading engines having
different directions of rotation. The three configurations selected must be
always rotated in one direction. To permit bidirectional loading, all three
designs must be arranged to permit an engine connection at either end of the
dynamomneter shaft. It is assumed that the dynamometer will be mounted on a
fixed base and that the engine will be mounted on a structure grounded to this

same base. To provide bidirectional loading, sufficient space must be pro-
vided at either end of the dynamometer to mount the engine. The shorter the[ dynamometer, the less will be the total space required.

The length of the tandem centrifugal dynamometer is shown to be 87 in in
Figure 44. This length could be significantly reduced by the use of a shorter
inlet duct and the elimination of exhaust ducting with either axial or radial
flow exhaust. It is estimated that the length thus obtainable is 63 in.

The total length of the single-stage VSROC dynamometer is 72.6 in (Fig 45).yrMost of this length is associated with the inlet and exhaust ductings. A long
inlet duct is used for the purpose of employing throttling by an inlet valve.
Since an inlet valve is not needed for this system, it can be eliminated with7L considerable reduction in the length of the system. In addition, a radial ex-
haust would further reduce the total length. A preliminary design analysis
of a double-entry version utilizing the above features resulted in a length

4 of 39 in for the basic dynamometer system (Fig 47). It is expected that the
length of the single-stage version would not exceed the length of the double-
entry version. Therefore, the length of the single-stage VSROC dynamometerj was taken to be 39 in.

The total length of the axial dynamometer system as shown in Figure 46
is 73 in. Even though some reduction could be accomplished in this length,
the use of an exit valve which is not included in the preliminary design could
require some additional length. As a result, the length of the axial dyna-
momneter system is taken to be 73 in.

A comparison of the possible lengths for the different systems indicates
that the single-stage VSROC would have an advantage over the other two systems.

I Controllability

The control of a dynamometer can be considered at two levels of complexity.I The first is a simple level where the torque produced is proportional to an

*1;
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input signal but speed and ambient dependent. This means of control is analo-
gous to the manual setting of a throttle valve. In this case the input signal
would be considered sufficiently low that some sort of power amplification isI required to cause the dynamometer to change load. The second level of control
is where a desired torque or power signal is an input, and the control func-
tions set and maintain the input value. This can be considered a closed-loop
control and requires the measurement of the parameter controlled, such as
torque or speed or both. In the normal operation of a dynamometer with a
turboshaft engine, the dynamometer is operated at constant speed. This speed
is set and controlled by the engine's power turbine governor. It is a dyna-
mometer requirement that the torque produced is some function of a collective
pitch signal that is also used as an engine control input. In a turboprop
application, the dynamometer control must act to maintain a constant dyna-I mometer speed. The load torque, therefore, should automatically adjust to
match the power setting of the machine. Therefore, the evaluation of a dyna-
mometer concept with respect to controllability should consider the suitabil-
ity of the dynamometer to automatic control. For this, several factors asso-
ciated with the controls have been selected: torque gain characteristics,

nubrof control functions, friction and force level, polar moment of inertia,
and the limit functions required.

Torque Gain

The torque gain of a dyframc'meter is the partial of load torque with re-
spect to control device movement. '3r example, if a throttling valve is used,
the gain can be expressed as the ratio of torque change to valve position
change for small position increments. It is necessary to limit the gain
change during dynamometer operation. An excessive or high gain or sensitiv-
ity value can cause a control system instability; a low value will cause in-

~' accuracies in the set point. The air dynamometer load torque is primarily
* proportional to the air mass flow. A throttle valve, therefore, will have a

low gain or sensitivity at large openings and a high gain at small openings.
The sensitivity of a throttle valve can be made uniform by controlling the

* area schedule or by shaping networks in the valve position controller. In
any case, the use of a throttle valve for torque control requires special
treatment or control complexity to obtain a uniform and predetermined level of
gain. Inlet guide vanes are also highly nonlinear in their gain characteris-
tics. Again, at large openings the gain or sensitivity is low; at small open-
ings the reverse is true. The tandem centrifugal machine requires both an in-* [ let guide vane and an exit throttle valve. Both of these components must have[

* compensation means to limit the band width of sensitivity.

The VSROC design would have a constant gain or torque sensitivity level
for most of its operating range. However, at low power settings where there
is a significant flow passage closure, the gain or sensitivity may decrease.
This may be undesirable and some compensation may be needed.

The five-stage axial compressor must have both an inlet throttle and an
exit throttle valve. Both of these components require some gain compensation
or correction.

IA
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From the above considerations it appears that the VSROC design will have
the most constancy to its torque/input position gain, and if compensation is
required, it will be less critical or complex than the other two concepts.
Therefore, it would have a definite advantage over the other two based on
torque gain characteristic.

Number of Control Functions

Both the two-stage centrifugal and the five-stage axial dynamometers re-
quire two functions to be modulated. The phasing and scheduling of these two
functions will increase the control complexity and promote rigging problems
in the field. The single control function of the VSROC machine, therefore,

appears more attractive.

Friction and Force Level

High levels of friction in the controlled mechanism can cause instability
and erratic behavior in a closed-loop control system. High force levels for
control device actuation dictate high control power, thus more costly compo-
nents. The inlet guide vanes of the centrifugal machine will have low fric-

tion levels because of the absence of sliding surfaces. The actuation force
levels will also be moderate because of the absence of friction and the abil-
ity to balance the vanes aerodynamically. The above statements are also true
for butterfly-type throttle valves. The two-stage centrifugal machine, there-
fore, will have low friction and actuation force levels in the mechanisms

.1 needed to control torque.

The radial out-flow machine may have both high friction levels and
forces. The design shown in Figure 45 has a complex annular piston geometry.
The radial position of this ring must be controlled accurately. The close
clearances plus the expected high seal friction can produce unpredictable con-

* trol hysteresis. This must be compensated for, and thus, the control complex-
ity will be increased. The control ring is also aerodynamically unbalanced*1 in the axial direction in its simplified configuration. Either this unbalance
must be compensated for by a more complex geometry using an air pressurized
balanced chamber, or high activation forces must be provided.

The five-stage axial dynamometer is shown in Figure 46 with a flat plate
inlet throttle valve. This valve is totally unbalanced and will have high
friction levels in partially closed positions. Again hysteresis compensation
will be required in the control systems, and a high power will be required
for actuation. Even if butterfly-type valves could be used for inlet and
exit throttling, they have to contend with large flow rates.

Based on the above observation, it appears that the tandem centrifugal
dynamometer will have the least control problems related to friction and ac-
tuation.

Polar Moment of Inertia

The polar moment of inertia of a dynamometer is important. Ideally, it
is desirable to duplicate the load polar moment of inertia which the engine

- - a, 7
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is designed to operate with. The inertia is an important part of the total
system dynamics and can affect the stability. Duplicating the equivalent in-
stallation load inertia may not be a practical thing to do. However, if aI dynamometer is designed to have the smallest possible polar moment of inertia,
then inertia can be added if required by a specific engine. For this reason,
the best dynamometer under this evaluation factor would be the VSROC. The
tandem centrifugal will have an inertia higher by 70 per cent, and the axial,r higher by 85 per cent.

r Limit Functions

It is necessary that unstable aerodynamic operation be prevented if
smooth dynamometer operation is to be achieved. The devices used to vary ther power must be limited in their effect so as to prevent operation in unstable
aerodynamic regimes. Fu: example, if the exit throttle valve of the tandem
centrifugal machine is permitted to close excessively, surge will occur. The
valve must, therefore, have a limit stop. This stop may have to be continu-
ously reset if a wide range of test speeds are to be encountered and the
power or torque range maximized. A similar stop is also needed on the dis-
charge throttle valve to prevent operation in the choke regime of the dyna-

mometer. The inlet throttle valve minimum area must also be limited if surg-
ing is to be prevented. Again this limit may have to be continuously adjust-
able if the machine power range is to be maximized.

The five-stage axial dynamometer will require a similar but more precise
limit functions, as the performance characteristics of the axial compressor
are steeper than those of the tandem centrifugal. Also, the axial compressors
are generally more sensitive to surge and choke than the centrifugals.

The VSROC, however, does not need any adjustable limits. The only limit
expected is that necessary to prevent the shroud from being driven into the
impeller. This need not be a precise stop and, therefore, can be built in as

a natural limit in the actuator.

Summaryl

Based on the above five evaluation parameters, it appears that the VSROC
dynamometer is the more controllable concept. However, the friction inherent

* in the movable shroud mechanism may be troublesome and, therefore, would need

special development attention.

Cost Effectiveness

r The cost effectiveness or life cycle cost of a dynamometer can be judged
by four factors: first cost, scheduled maintenance costs, mean time to failure,
and life. The following is a qualitative comparison of the three selected
dynamometer concepts without the automatic controls.

First Cost

* I Even when made in small quantities, the first cost of similar devices
can be estimated to be a function of weight and raw material costs. Using



this method, it was found that the five-stage axial dynamometer had the small-
est first cost (Table XXIX). The VSROC dynamometer was 29 per cent greater

I....in cost, and the two-stage tandem centrifugal, 23 per cent greater. However,
these preliminary weights are based on preliminary design layouts. Most of
the dynamometer weight is associated with the static structure. Also, the
shafts, which are assumed to be solid and made of steel, could be shortened.
Therefore, a design optimization might produce significant changes to the
weight of the dynamometer systems. The rotor weights, however, will not
change with design optimization and the materials involved are the most
costly. Therefore, the rotor weights without the shaft could be a better in-
dex of the final package weight and the total cost. Based on this approach,
the five-stage axial will have the lowest first cost; the radial out-flow
will be only 23 per cent higher; and the two-stage centrifugal, 124 per cent

hi gher.

The total cost to equip the Navy with dynamometers covering the specified
range of powers and speeds is probably the best way to examine the first cost.
Summring the scaled costs for all the individual dynamometer models needed, it
is found that the VSROC dynamometer will have the lowest total first cost.
The five-stage axial group will cost 98 per cent more, and the two-stage tan-
dem, 211 per cent more.

Scheduled Maintenance Costs

This factor has to do with the costs associated with planned service and
maintenance work. Items such as bearing and seal replacement, blade cleaning,
control linkage adjustment, and torque calibration are typical of the service
functions performed on dynamometer-type devices. The rotor system bearing
and seal replacement and servicing will be about the same for all of the de-
signs. The control linkage and bearings for the variable guide vanes of the
tandem centrifugal and the control linkage for the VSROC dynamometer will re-
quire more service than the two throttle valves of the axial. However, the
five-stage axial will require more frequent cleaning of the gas path compo-

mately the same maintenance costs.

Mean Time to Failure

availability of the machine and the costs to repair.

. 1 Such failures are usually associated with the mechanical complexity of

the machine and the matureness of the design. The tandem centrifugal and the
five-stage axial are expected to be equal in this regard. The VSROC would be
worse due to the novelty and complexity of the movable shroud mechanism.

Life

The total life expected from a machine before a complete replacement is
g needed is another cost factor. It was concluded that all three designs would

probably have the same life span. The VSROC design may be slightly better be-
3 cause of its simpler rotor system construction.
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* Configuration

The configuration advantages of the three dynamometer designs can be
discussed in terms of weight, diameter length, and ducting complexity.

We igh t

The preliminary studies of the largest frame size (Frame I size) resulted
in a weight of 4,130 ibm for the tandem centrifugal, 3,870 Ibm for the VSROC,
and 2,780 lbm for the axial. Based on the possible reduction in length dis-
cussed earlier, it is estimated that the tandem centrifugal weight could be
reduced to 3,450 ibm. The weight of the single-stage VSROC is estimated to
be 2,860 ibm based on that of the optimized configuration for the double-entry
version. Since the axial would need an exit valve with associated ductings,
it is expected that its weight would remain at 2,780 Ibm estimated earlier.

Kr Diameter
V The diameters of the three designs will determine the compactness of the

installation design. Based on the preliminary design layouts, the axial is
the smallest at 44 in, the tandem centrifugal is the next at 52.9 in, and the
VSROC is the largest at 56.6 in. In all cases, the diameters may be reduced,
but the relative diameters will remain about the same.

Length

FApproximate lengths of the three machines were also established by the
U preliminary mechanical designs. However, this dimension was not optimized,

and therefore, a best or minimum installed length for each machine was esti-

mated and given earlier under Direction of Rotation. These values are 39 in

for the VSROC, 63 in for the tandem centrifugal, and 73 in for the axial.

* Ducting Complexity

It is assumed that the dynamometer air ducting must be arranged to pre-

vent the ingestion of ground contamination, reingestion of the exhaust, and
protection of personnel from both. This implies that at a minimum the ex-r haust air must be collected and discharged vertically. Both the tandem cen-
trifugal and the VSROC designs lend themselves to this arrangement. The five-
stage axial dynamometer will require extra length if a vertical discharge is
requi red.r Safety

An air dynamometer will have an enormous amount of stored energy in its

rotor system when operating. A mechanical failure that permits the release
of artorall of this energy could be very hazardous to nearby operating per-

sonnel. The relative safety of the three chosen dynamometer designs was
evaluated using the disk and blade stresses, rotor system complexity, and
debris sensitivity.
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Since safety cannot be compromised, the less safe systems may require
more ancillary protective equipment and/or a burst shield. The co6t or
complexity of such equipment has not been considered in this evaluation.

Rotor Stress Levels

r The a_.age tangential stress in a rotating disk as compared to the ulti-
mate strength of the material used is a good indication of the safety or burst
margin. The preliminary design study of the three selected compressor systems
shows (Table XXIX) that the VSROC has the highest maximum tangential stress
value at 39,000 psi followed closely by a value of 35,900 psi for the tandem
centrifugal. The value of 24,900 psi for the axial is considerably lower

than the values for the other two designs. These stresses can be reduced to
about one half of these values if the center bore holes in the designs shown are
eliminated. If it is assumed that the average tangential stress is about one
half of the calculated maximum stress, then the burst margins for the three de-
signs will be about 6.5 for the tandem centrifugal, 6.3 for the VSROC, and
10.4 for the axial. These burst margins are more than ample, and therefore,
all disk designs can be considered safe. However, it is obvious that the[axial has much more margin and could be classed as the most safe.

Excessive blade tensile and bending stresses can be the cause of a fail-
ure less dangerous tkan that of a disk. Such failures can still be considered
a safety hazard. The maximum tensile stress in the blading of the tandem
centrifugal is 29,900 psi. The maximum blade stress in the VSROC design is
41,900 psi, and that of the axial is 22,300 psi. The blade stress in the
VSROC is high, and it could be reduced by about one third by the use of a
hollow blade design. Even then, this design could become marginal for the
Frame 2 size at operating Point B if there are any significant vibratory
stresses.

Rotor System Complexity

A rotor system built up of many parts may not be dimensionally stable.
This can occur due to dimensional errors during manufacture, incorrect heat
treatment, and poor assembly practices. A shift in alignment can, therefore,
cause a significant unbalance and possibly a destructive failure. The sim-
plicity of the rotor system assembly is, therefore, an indicator of safety.

The two-stage tandem centrifugal machine has two massive impellers that
* must be joined. This joint will have to be at midspan at the location of the

maximum system deflections. The five-stage axial will have five disks that
must be joined. Both rotor systems, therefore, can be considered complex and
prone to rotor failures. In contrast, the VSROC rotor lends itself to a one-
piece construction with an integral shaft. This rotor system can be consid-
ered the simplest and safest of the group.

Debris Sensitivity

Foreign objects invariably find their way into the gas path of high
speed turbomachinery. Failures can occur ranging from a few pieces of a

j . . . .
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blade passing out of the machine to a catastrophic rotor system fracture. Of
the three dynamometer designs, the five-stage axial is most susceptible to
foreign object damage because of the fragility of the blading and the High
solidity. The single-stage VSROC is probably next in sensitivity b':=-,ise of
the high bending stresses in the blading and the high solidity. Ti'e two-
stage tandem centrifugal appears to be the least sensitive one because of the
large flow passages between the blades and the general ruggedness that is prac-
tical for this type of blading.

EEnvironmental
The environmental advantages of the different dynamometer designs can beF assessed on the basis of noise and vibration level.

Noise

There are three major sources of noise in these compressor systems. The
first source is associated with the passing of the downstream blades through
the wakes of the upstream blades. Both centrifugal and axial will be sub-
jected to this kind of a noise. In the tandem centrifugal, the impeller
blades will be passing through the wakes of the inlet guide vane.

The second source of noise is associated with the aerodynamics of air
flow past the blades. This noise level depends on the tip speed and the rela-
tive Mach numbers. The blade speeds of the three compressors are within
10 per cent of each other. The relative Mach number, however, is compara-
tively high for the axial compressor.

The third source is associated with the shearing interaction of a high
velocity jet of air with the surrounding air. This noise level can be re-
lated to the amount of air flow passing through the compressor system. The
air flow through the single-stage VSROC is 14 per cent greater, and the air
flow through the five-stage axial is 53 per cent higher than the two-stage

tandem centrifL'gal design.

Apart from these sources, unsteady or unstable aerodynamic flow will be
a noise generator. It does appear that the flow through the VSROC configura-
tion will be more stable than the other two because of the variable shroud.
The other two depend on throttling, a noisy process, and will tend to operate
both near the surge and choke areas. These areas imply unsteady or separated
flow phenomena which will generate noise.

From the above it appears that the VSROC will be the one with the least
noise level, and the axial, the one with the highest noise level.

Vibration

The mechanical vibration energy level of the dynamometer can be trans-

mitted into the supporting structure and the test engine. The energy level
can be assumed to be a function of the rotor system weight and complexity.
The VSROC has a very low rotor weight and can be of one-piece construction.I L

. =. .. ... t .... " ' "' .. ..
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This system is expected to have the least vibration. The high rotor weight
and the complex construction of the two-stage tandem centrifugal implies that
this system will have a higher vibration level than the five-stage axial. In
the axial, however, the probability of resonance or near resonance operation
is several times higher than that of the centrifugal due to the higher number
of blade rows.

Rating

The three dynamometers were rated on a comparative basis for each of the
six categories by assigning numbers to the associated factors. rhe average
number for each factor is based on the assumed importance of that factor. An
initial investigation indicated that the single-stage variable-shroud radialj outflow design would rate at or near the top in each category. Therefore,
integral numbers were used for the values of rating factors of that design.
The values of rating factors for other designs were obtained by using simple
relationships based on the related values of the design parameters given and

Cb discussed earlier under that factor. In the absence of such values, integral
numbers were also applied to the other two systems based on the qualitativer discussion included earlier in this section.

The various relationships employed for the several rating factors are as
follows:

Number of Units

to - (36)

where VF is the number of frame sizes

and YLM is the number of different models

Power Range

irFP
rwhere R.is the arithmetic average of the power ranges of the different

models at the rotational speeds of the seven design points

Direction of Rotation and Length

F C O 4Pi. (38)ir L
where L. is the estimated minimum length normalized with respect to that

of the VSROC

Polar Moment of Inertia

F PM (9
P

I~r
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where :Z p is the normalized polar moment of inertia

First Cost

. = 'I/C., (40)

where C T  is the relative total cost of the required number of dyna-
mometers obtained as

r = (41)

where C, is the relative cost per unit of the Frame I size unit

r YL is the required number of dynamometer

f and S is the linear scale factor

Wei ght

F : (42)

W

where V4 is the normalized total weight of the compressor systen-

Diaimt te r

F -3 (-3)D

where D is the normalized maximun diameter of the compressor system

Rotor Stress Levels

r
where OSM is the normalized value of the disk burst margin

r and is the normalized value of the blade root stress

The values of rating factors obtained from the above relationships as
well as from qualitative judgement are listed in Table XXX for the three
systems.

It is evident from the table that the single-stage VSROC rates the high-

est in over-all rating as well as in all categories except in safety. A
double-entry version is expected to have a high rating in this category also,
owing to the reduced stress levels resulting from the lower rotor tip diameter
and blade axial length. A comparison of the over-all percentage rating in-

dicates that the tandem centrifugal is second with about 30 per cent less rat-

ing than the VSROC; the axial is third with 42 per cent less rating.

... - . . _
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The poor rating for the five-stage axial mainly stems from its compar-
atively low power range and consequent increase in the number of units
required. A significant improvement in these factors for axial compressors
could be achieved by an increase in the number of stages. The decrease in
over-all rating of the tandem centrifugal results from more or less equal
decrease in rating under each category except for spfety where it has a
slightly better rating than that of the single-stage VSROC. The over-all
rating for other types of centrifugal compressors is not expected to be
significantly different from the rating of the tandem configuration. There-
fore, the double-entry radial outflow (FI-ROC-D) with variable shroud andU- a ten-stage axial were analyzed for comparative rating prior to the selection
as well as to aid in the selection of the optimum system.

Analysis of Two Alternate Compressor Systems

Double-Entry Radial Outflow Compressor,F With Variable Shroud

As indicated earlier in this section, the length of the VSROC can be
reduced drastically with the elimination of the inlet throttle ducting and*1. by employing a vertical exhaust. Also, an integral shafc rotor system can
be easily introduced in this configuration with consequent increase in
burst margin by a factor of about 2. Introducing the above desirable
features for the physical details of the Frame 1 size configuration (Fl-
ROC-D, Table XXIV), a preliminary design of the double-entry VSROC was
obtained as shown in Figure 47.

I.Since the variation of maximum power with speed and the range are es-
sent ially the same for both VSROC versions, the number as well as the
details of the required frame sizes would be almost identical. Therefore,
the performance envelopes of single-stage dynamometers shown in Figure W1

* and the details of them given in Table XXVII are equally applicable to
the double-entry version.

The estimated cost and mechanical design details of the two ROC
configurations are compared in Table XXXI. Most of these values are
estimated from the preliminary design layout of an optimum configuration

for the double-entry version (Fig 47). Even though the rotor system
weight of the single-stage is higher than that of the double-entry, the
total weights of the two compressor systems are assumed to be the same*1 ~ due to the less ducting required for the single-stage version. As men-
tioned earlier, the cost is assumed to be proportional to the weight of

p the rotor system.

Ten-Stage Axial Comp~ressor

An increase in the number of stages would increase the pressure ratio
across the compressor. A higher pressure ratio would result in less
number of frame sizes and dynamometers. An initial analysis indicated
that the number of stages has to be doubled to reduce the required number

of frame sizes from four to three with inlet and exit valves. Therefort,

TI7



57

the power absorption characteristics with rotational speed for a ten-stage
compressor with inlet and exit valves were obtained with the followingf simplifying assumptions:

I. The first five stages are scaled versions of the five-stage

compressor stages and cntrol surge and choke flows
2. (HP)Io = 2 (HP) 5 x (SL) at constant blade speed,

where HP5 is the horsepower of the basic five-stage compressor (FI-AC5-H)

and SL is the appropriate linear scale factor applied for the basic
compressor stages to obtain the Frame I size ten-stage compressor
(FI-AC IO-H)

3. The polytropic efficiency is independent of the number of stages.

r The power absorption and range characteristics thus obtained for the
ten-stage axial compressor were then employed for the analysis of the
required number of frame sizes and dynamometers. The details of the frame
sizes and dynamometers are listed in Table XXXII; the performance envelopes
of the dynamometers are given in Figure 48. The cost and mechanical design
details of the ten-stage axial are estimated from and listed along with

those of the five-stage axial in Table XXXIII.

Selection of the Optimum System

From the design details established as given in the above section,
the two alternate compressor systems were rated based on the simple relation-
ships (Equations 36-44). For factors for which relationships were not
established, thie rating was based on the rating of the same type of cor-
pressor given in Table XXX. To be consistent, the relevant rating factors
of the ten-stage axial were related to the disk stress and diameter values
of the single-stage VSROC configuration initially used rather than the
stress value for the integral shaft design and the scaled diameter value
listed in Table XXXI; the over-all rating would differ very little even3 if the latter values were employed.

The ratings thus obtained for the two alternate configurations for
each of the six categories are listed in Table XXXIV along with the ratings

established earlier for three other compressor systems. As anticipated,
the double-entry VSROC configuration has a higher rating than that of the
single-stage version. The increase in rating of about 8 per cent results
mainly from the reduced rotor system weight and stress level. Also, the

ten-stage axial has about 10 per cent higher over-all rating than that of
the five-stage. This relative increase in rating is mainly due to the
superior power range end the consequent reduction in the required number
of dynamometer models.

A comparison of the over-all rating of the five compressor systems
indicate that the double-entry radial outflow ranks first with close to a 108

per cent rating,and the single-entry version used as reference for per cent
rating ranks second with 100 per cent rating. The two-stage tandem ranks
third with about 30 per cent reduction in rating from that of the single-
stage radial outflow dynamometer. The fourth one, the ten-stage axial,

I
- _ _"- _ - '
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has a rating only 2 per cent less than that of the third one, the tandem

J centrifugal. A small uncertainty in the rating or additional considera-
tions could make the ten-stage axial rank third. The five-stage axial is

U at the bottom of the list with only 58 per cent rating.

it is evident from the ratings that the variable shroud radial outflow
r compressors would still top the list of feasible concepts even if we allow

for great uncertainties in the rating system employed or, for that matter,
even if an elaborate rating system is to be employed with additional cate-

r gories and factors. Among the radial-outflow configurations, the double-
entry configuration is equal or superior to the single-stage configuration
in all categories.

r The only major disadvantage associated with the double-entry version
is that two separate shroud structures must be moved in unison. This may
be done with a single actuator and linkage mechanisms or by two separate
position control servo loops. Another disadvantage could be due to any
cross-coupled aerodynamic excitation between the two flow paths resulting
in premature surge. This may not be a problem since the compressor need
not operate near surge. Any such problem that might appear at very highr closing of the flow passage could be eliminated by a mechanical separator
in the discharge area.

The major problems associated with the single-entry version are high
blade stress, thrust balance, and narrow range of stable operation at
higher speeds. The high blade stress may dictate some blade treatment
for the operation of the Frame 2 dynamometer at Point B where the stress

* levels would be about 60 per cent higher than the design values. Even
with a hollow blade design to reduce the stress level, the higher tem-

3 perature rise across the stage (about 30 per cent greater than the double-
entry version) may not allow power modulation of the order of 10 and beyond
at high speed operation. The very narrow range exhibited by its performance
characteristics at 130 per cent speed (9,100 rpm, Fig 18) would limit its

r growth potential to future engines with still higher power or speed or
both. Also, the available flow area at the inlet of the stage would be a
limiting factor at higher blade speeds. The axial thrust will be very

r high in the single-entry version requiring excessive clearances; an
excessive clearance would limit the realization of the potential maximum
range achievable in this type of configuration with the variable shroud

r for power modulation.

From the above considerations, it is judged that the double-entry
configuration is the better of the two radial-outflow configurations withI' the variable shroud for power modulation. Therefore, it is recommended
as the optimum system for the dynamometers of the Navy's future as well
as present engines. For the recommended configuration, Table XXXV listsI the over-all dimensions, stress levels, and the estimated weights of the
three dynamometers required to cover the specified seven engine design
points. Even though the length and diameters will be directly scaled
based on the linear scale factor, some of the component thicknesses may

not be scaled to arrive at the two lower frame size dynamometers.
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Therefore, an index of 2.5 rather than 3 was used in Equation 7 for the
weight calculation, assuming that only about 50 per cent of the component
thicknesses is scalable.

F
F
F

F
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ANALYSIS OF EXPERIMENTAL PROGRAM REQUIREMENTS

Introduction

The analytical investigation of various types of compressors with various
means of power modulation has established firmly that the radial-outflow type
compressors with a variable shroud or shrouds for power modulation would be
the best concept for the development of air dynamometers to meet the needs of
the Navy's future engines and growth versions of the present engines. Of the
two versions of the radial-outflow type compressors, the double-entry version
is preferred over the single-stage version and is, therefore, recommnended asr the optimum system.

As a logical next step to the analytical investigation, a program is
needed for the experimental evaluation of the optimum concept and to solve
the technical problems that could not be analytically studied. Therefore, a
brief summary of the problem areas to be solved and the possible solutions to
them are given in this section.

Low Power Operation

The unique feature of the radial-outflow variable-shroud dynamomieter is
its potential for a wide operating range. However, the behavior of the sys-
tem at low power absorption where the flow path has been significantly closed
down is not fully understood. A leakage flow can occur from the impeller dis-
charge around the outer blade shroud to the inlet. This leakage will contri-
bute to the flow being pumped, thus limiting the minimum power. The relation-
ship between this leakage and the minimum achievable power should be developed.
Having such a relationship, even if approximate, is necessary to set the me-
chanical design standards for the impeller running clearance and the practical

limit for shroud closure.

:1 The recirculation effects within the impeller blade system will also
limit the minimum achievable power. This recirculation is a function of the
blade solidity and the clearance volume around the covered portion of the
blades (Ref 9). These effects should be analyzed, and the design guide lines
should be set for blade solidity and clearances.

When the flow rate is altered across the stage, the operating point on
the nondimensional compressor characteristic would change due to the fixed
exhaust duct and orifice requiring some range of operation at a fixed speed.
The operating range would also be affected by the variation in leakage and re-
circulation when the flow path width is closed. Further, there could be some
cross-coupled aerodynamic excitation between the two flow paths which might
reduce the range of operation by inducing premature surge. Therefore, these
problems should be examined in detail analytically and, if necessary, experi-
mentally. The cross-talk between the flow paths may be eliminated by a me-
chanical separator in the flow discharge area.
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I Shroud Seal

The leakage from the impeller discharge to its inlet around the outer
blade slyroud must be restricted. This can be done by decreasing the radial
clearance between the outer blade shroud and the stator and/or increasing the

L restrictions in this leakage flow path.

The amount that the clearances can be reduced is limited. The radial ex-
cursions due to rotor system dynamics, the elastic deflections of the impeller
disk and blades, and the relative thermal growth between the rotor and stator
all must be considered. Some gains can be made if the rotor systems can be
designed to operate below the first lateral critical speed.

L This flow path restriction can be increased in many ways. Labryinth and
visco type flow paths together with an abradable surface appear feasible.

* Another approach would be to operate the outer blade shroud with a fixed axial

t clearance. This then dictates that the outer throttle ring and the inner
movable shroud be separate pieces. This approach looks very promising, but
the synchronization and actuation may present difficulties.

From the above it appears that a detailed design study should be con-
ducted to optimize the rotor seal and movable shroud structure and the actua-
tion thereof. This should include configuration studies, stress, temperature

L and deflection analyses, and the synthesis of the actuation means.

Thrust Balance

L wilIn a single-stage (single-entry) configuration, the axial thrust levels
wlbehigh, requiring special schemes for thrust balance. The axial thrust

of the rotor system in the double-entry configuration would be small, as it
fmwuild be caused only by unequal operation of the two sides either due to a

Ponsymmetric inlet flow pattern or a nonsynchronous movement of the two vari-
ab~le shroud structures. Therefore, it is not necessary to introduce any

thrust balancing schemes in the double-entry configuration.

Controls

b The dynamometer control should be handled in two steps. The first is to
solve the problems associated with shroud actuation and torque measurement.
The second is to automate the control process so that the dynamometer becomes
a useful field service tool.

It is expected that the shroud actuation device will have to overcome
large friction and aerodynamic forces. This can best be done by a high pres-
sure hydraulic system closing the loop around position. This does mean that
a hydraulic power supply must be included as part of the dynamometer ancillary
equipment. Another approach would be to use the pneumatic energy from the
dynamometer discharge. This approach will dictate a large actuator size in
order to get an adequate force margin. It also would not function during

I start-up. The third approach would be to use electric actuators powered from
I a storage battery.

IIAL_
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Torque sensing can be done by sensing torque in the quill shaft between
the test engine and the dynamometer or by measuring the reaction torque on
the dynamometer. Sensing torque in the quill shaft requires either slip
rings or a telemetry system to transmit the signal to a stationary source.
The quill shaft is subject to considerable handling when changing engines and
to changes in spring constant to match the system torsional dynamics. Measur-r ing the reaction torque of the Oynamometer is relatively straightforward ex-
cept for the problem of aerodynamic reaction. The dynamometer exhaust air
must pass through a commutator section with straightening vanes of high solid-

ity to prevent this torque reaction from taking place.

Once the problems of actuation and torque measurement have been solved,
it is a straightforward engineering task to design a suitable automatic con-F trol system for the dynamometer. This system in the turboshaft mode would
have to produce a torque proportional to some given function of the input col-
lection pitch angle. This signal would also be transmitted to the engine con-
trot. In the turboprop mode the dynamometer torque would be controlled to
maintain the input speed value.

From the above discussion it appears that two control design phasesI. should be done. One would solve the actuation control and torque measurement
problems. The other would prepare the detail design of a completely auto-
matic dynamometer control system.

Dynamometer Developmentr The problems discussed above are associated with the development of the
dynamometers to be used for the testing of engines. Such a development, it
is suggested, can be carried out in three phases: an experimental program
for the evaluation of the concept, a demonstrator program, and a prototype

program.

The first program would involve solving mainly the problems associated:1with the low power operation and provide important inputs to the design of
the demonstrator dynamometer hardware with respect to mechanical design stan-
dards. The demonstrator program would be directed towards solving problemsI. associated with the variable shroud mechanisms and the controls for the shroud
actuation and torque measurements. The third phase will be the building of a
dynamometer of particular frame size with a completely automatic control sys-
tem and the demonstration of the dynamometer with an engine. The entire pro-
gram could be completed within a span of four years with the first twelve
months devoted to the concept demonstration and the remaining period distrib-

uted more or less equally between the other two phases.

For the concept demonstration and the demonstrator program, a suitable
power source and test facility is needed. NREC has a test facility that can
supply power up to at least 900 hp within a rotational speed range of 10,000
and p00rocssn. Tis sugglted tha flysthe cop emonstrmation daa rteveon
tod p0,000srpm. tis facilitd isa fulyhetu orp semoautmaticn adate etrieva
strator program be conducted in this test facility.

1A- "



63

I Even though it would involve additional hardware, the total development
program could also be geared to the evaluation of the scaling effects asso-
ciated with obtaining different frame sizes by scaling f, 'i a basic frame size.
Also, the demonstration of the concept can be done by having only one side of
a double-entry configuration. As a result, the concept demonstration at NREC's
test facility could be accomplished in three ways:

I1. Testing of the Frame 3 size double-entry compressor with inlet throt-
tl ing

12. Testing of one side of the Frame 3size double-entry compressor with
inlet throttling

13. Testing of a lower diameter frame size with 0.3 linear scale factor

In the first, the testing would initially be done with standard inlet
* t conditions up to the maximum available power, and then the inlet throttling

Luwould be employed to cover as much of the performance envelope as possible.
At 21,500 rpm (equivalent Point B rotational speed), the inlet pressure could
be throttled by more than 2:1. The second approach would be the same as theI first one, except that it is possible to cover the entire performance enve-
lope of the Frame 3 size including the equivalent Point 8 operation.

For the Frame 4 size (SL = 0.3), the equivalent Point B rotational speed
is 29,600 rpm, and the testing would be similar to the second approach, since
the Frame 4 size would absorb about one half of the Frame 3 size power absorp-
tion at an equivalent speed. Unlike in the second approach, any cross-talk

effect between the two flow paths could be investigated in the first and
third approaches.

k. From the above considerations it appears that the third approach would
be the best one for the Navy to follow in the demonstration of the variable-
shroud radial-outflow compressor concept.

7I Z'. m-
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I EXPERIMENTAL PROGRAM FOR CONCEPT DEMONSTRATION

L Introduction

It has been suggested in the previous section that, for the Navy's
future engines, the development of dynamometers with the double-entry
version of the variable-shroud radial-outflow compressors should be under-
taken in three phases: a concept demonstration program, a demonstrator dyna-4 mometer program, and a prototype dynamometer program. The concept demon-
stration program, as stated earlier, could be completed within a 12-month
period using the NREC test facility. In this section, an outline of the
experimental program required for the demonstration of the concept is

I. given. The outline is presented in terms of specific tasks with a brief
description of the effort associated with each task.

r Outline of Experimental Program

Task 1 - Aerodynamic Design and Analysis

Im The main objective is the detailed design of the flow path and the
rotor profile based on the over-all dimensions established earlier for
Frame 1 size and the scaling factor mutually agreed upon by NREC and Navy
personnel. The second objective is to analyze the effects of leakage and
recirculation at low power operation.

I. The results from the design effort will be the detailed specification
of flow path dimensions and rotor blade profile. The main results of the
analysis will be the guidelines for aerodynamic and mechanical design with
respect to desired solidity and clearance and any necessary flow conditions

~h. required for mechanical design. The results will also include the speci-
fication of instrumentation and rotational speeds for testing.

1 Task 2 -Mechanical Design of the Stage

The objective of this task is the mechanical design of the stage
Iflow path components including selection of material and stress and vibra-
-tion analysis of the critical components. The results will include the

design and analysis data, detailed drawings for manufacturing, and material

1 specifications.

Task 3 - Mechanical Design of the Auxiliaries
and Test Fixture

The objective of the task is the mechanical design of the test fixture
and auxiliary components necessary for the demonstration of the concept
usingNREC test facility with variable shroud setting. The results will be
thedesgndata, specification and detailed drawings for the manufacture of

test fixtures and necessary auxiliary components including instrumentation

I and assembly drawing.
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Task 4 - Procurement. Inspection, and Assembly

In this task, the drawings for the manufacture of components will be
released and the necessary components procured and inspected. The task will
also include the assembly of the test hardware and instrumentation.

L Task 5 -Testing for Concept Demonstration

The testing will be conducted at rotational speeds established in Task 1.
A minimum of three rotational speeds will be used, covering the equivalent

speeds of Points A, B, and G of the three frame sizes. At each rotational
speed, a minimum of five test points will be recorded with data at the shroud
setting for maximum passage opening, three immediate settings, and the shroud
setting for the maximum possible closing of the blade passage.

bTask 6 -Data Analysis and Reporting

The test data would be reduced and analyzed for the variation of power
with the shroud setting. Based on the analysis, desirable modifications to
the stage and the resulting maximum performance envelopes possible for dyna-
mometers with this concept will be obtained. In addition, an outline of the
program associated with the demonstrator dynamometer will be prepared and
included in the final report, which will contain the major results and con-

clusions resulting from the concept demonstration program.
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TABLE III

OVER-ALL DETAILS OF DOUBLE-ENTRY RADIAL OUTFLOW COMPRESSORS
FOR POINTS A AND B

Point A Point B

Confiquration A-ROCD2 B-ROCD2

Horsepower 10,000 10,000

Rotational Speed (rpm) 7,000 12,000

Weight Flow (Ibm/sec) 61.1 38.8

Over-All Stage Pressure Ratio 1.393 2.961

Over-All Stage Efficiency 0.214 0.498

I Stage Exit Absolute Total Temperature (deg R) 761 900

Rotor Exit Blade SpeeJ (ft/sec) 850 1067

Relative Mach Number at Rotor Exit 0.768 0.904

Absolute Mach Number at Rotor Exit 1.61 2.05

Absolute Mach Number at Diffuser Exit I.1O 0.83

Rotor Exit Diameter (in) 27.8 20.4

Diffuser Exit Diameter (in) 37.1 39.4

Rotor Exit Passage Width (in) 3.31 2.52

Specific Speed, N 0.09 0.09

I

I

Note: The weight flow and passage width correspond to one side of

the double entry units.

I

-
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TABLE VIII

PRELIMINARY GEOMETRIC DATA AND STAGE CHARACTERISTICS OF

CENTRIFUGAL COMPRESSORS

. A-CCD2 or B-CCD2 or
A-CCT2-1 A-CCT2-2 D-CC2 B-CCT2-1 B-CCT2-2

Horsepower per stage or side 5,000 5,000 2,500 5,000 5,000

Rotational Speed (rpm) 7,000 7,000 6,600 12,000 12,000

Weight Flow (Ibm/sec) 84.6 84.6 47.6 54.7 54.7

Pressure Ratio 1.556 1.458 1.613 2.449 2.008

Over-All Pressure Ratio -- 2.269 .... 4.918

Inducer Tip Radius (in) 12.8 12.0 10.53 9.40 7.75

Inducer Hub Radius (in) 5.89 5.89 5.89 4.23 4.23

Impeller Tip Radius (in) 17.83 17.83 17.83 12.94 12.94

Impeller Exit Passage 2.211 1.925 1.284 1.449 0.931
Width (in)

Flow Angle at Inducer 61.5 60 56.5 62 57.2
Tip (deg)

Flow Angle at Inducer 40.2 40.2 40.2 40.2 40.2
Hub (deg)

Inducer Tip Relative 0.853 0.686 0.680 1.115 0.738

Mach Number

Impeller Tip Speed (ft/sec) 1,090 1,090 1,028 1,355 1,355

Absolute Flow Angle at 61.5 61.3 61.3 61.4 61.6
Impeller Exit (deg)

Absolute Mach Number at 0.913 0.805 0.868 1.099 0.919:1 Impeller Exit

Specific Speed, N. 0.138 0.122 0.101 0.143 0.103I
A(B)-CCD2 One side of a Double Entry Unit for Point A(B)

A(B)-CCT2-1 First stage of a Tandem Unit for Point A(B)

A(B)-CCT2-2 Second stage of a Tandem Unit for Point A(B)

D-CC2 Single stage Unit for Point D

1,1 z_
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TABLE X

COMPARISON OF OVER-ALL DIMENSIONS OF SCALED UNIT WITH

THOSE OF PRELIMINARY DESIGN - CENTRIFUGAL COMPRESSOR

B-CCD2 or Scaled
B-CCT2-1 Unit

Inducer Tip Radius (in) 9.40 9.27

Inducer Hub Radius (in) 4.23 4.26

1 Impeller Tip Radius (in) 12.94 12.91

Impeller Exit Passage Width (in) 1.449 1.601

I&

I"
F

*11
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TABLE XI
4

RESULTS OF THE SCALING ANALYSIS - AXIAL COMPRESSOR

Basic
Unit Scaled Units
(B-AC51)

Operating Point B A A A G G G

Horsepower, P 10,000 10,000 10,000 10,000 2,500 2,500 2,500

I Rotational Speed, Ns (rpm) 12,000 7,000 7,000 7,000 19,500 19,500 19,500

Number of Stages, ns  5 5 4 3 5 4 3

Scaling Factor, SL 1.0 1.382 1.445 1.531 0.566 0.592 0.627

!Tip Diameter (in) 21.5 29.7 31.1 32.9 12.2 12.7 13.5

Blade Speed Ratio, Us/Ub, d  1.0 0.806 0.843 0.893 0.920 0.962 1.019

Length Ratio, Ls/L b  1.0 1.38 1.18 0.97 0.57 0.48 0.40

Weight Ratio, Ws/W b  1.0 2.64 2.47 2.28 0.181 0.170 0.157

Weight, W (Ibm) 636 1680 1570 1450 115 108 100$

*!1[
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TABLE XIII

PRELIMINARY DESIGN DETAILS OF DRAG COMPRESSORS

A-DCI A-DC2 A-DC1 B-DC2

Operating Point A A B B

Total Horsepower 10,000 10,000 10,000 10,000

Rotational Speed (rpm) 7,000 7,000 12,000 12,000

Capacity Coefficient 0.168 0.100 0.168 0.10

Head Coefficient 0.444 1.160 0.444 1.16

Normalized Channel Width (in) 0.05 0.125 0.05 0.125

Normalized Channel Height (in) 0.02 0.080 0.02 0.080

Rotor Tip Diameter (in) 38.0 38.0 22.1 22.1

Rotor Tip Mach Number 1.037 1.037 1.037 1.037

Weight Flow (Ibm/sec) 2.89 5.94 0.98 2.02

Tip Speed (ft/sec) 1159 1159 1159 1159

Over-All Pressure Ratio 1.81 4.12 1.81 4.12

Over-All Efficiency 0.12 0.32 0.12 0.32

Specific Speed, Ns  0.0053 0.0077 0.0053 0.0077

Required Number of Units 13 6 37 18

* Same as configuration DCI of Table VI
g *h',Same as configuration DC6 of Table VI

I

I

- . -.
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TABLE XIV

PRELIMINARY DESIGN DETAILS OF HELICAL SCREW COMPRESSORS

r A-HS1 A-HS2 B-HS B-HS2

Operating Point A A B B

Total Horsepower 10,000 10,000 10,000 10,000

Rotational Speed (rpm) 7,000 7,000 12,000 12,000

Pressure Ratio 4.0 6.0 4.0 6.0

Tip Mach Number 0.35 0.42 0.35 0.42

Characteristic Displacement 0.0612 0.0673 0.0612 0.0673
Constant

Length-to-Diameter Ratio 1.0 1.5 1.0 1.5

Male Rotor Diameter (in) 12.8 15.4 7.5 9.0

Weight Flow (lbm/sec) 3.31 7.97 1.13 2.71

Over-All Efficiency 0.56 0.47 0.56 0.47

Specific Speed, N 0.018 0.022 0.018 0.022

Required Number of Units 20 5 58 15

Eu

I;;
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TABLE XVII

OVER-ALL GEOMETRY AND PERFORMANCE CHARACTERISTICS

FRAME I SIZE 5-STAGE AXIAL COMPRESSOR -- FI-AC5-H

Power = 10,000 hp

Rotational Speed = 7,000 rpm

L Inlet Pressure = 14.7 psia

Inlet Temperature = 518.7 deg R

Total Mass Flow Rate, v;% = 132.6 lbm/sec

Over-all Pressure Ratio, P, = 2.52

L Overall Temperature Ratio, TR = 1.425

Axial Coordinate Hub Radius Tip Radius
Stat ion': (in) (in) (i n )

IGV Inlet 0.0 11.472 17.277

IGV Exit 3.492 11.472 16.796

IR Exit 6.804 11.472 16.319

IS Exit 8.796 11.472 16.067

2R Exit 12.096 11.472 15.694

2S Exit 14.088 11.472 15.461

3R Exit 16.128 11.472 15.235

3S Exit 18.132 11.472 15.035

L 4R Exit 20.172 11.472 14.841

4s Exit 22.164 11.472 14.651

5 5R Exit 24.204 11.472 14.485

5S Exit 26.208 11.472 14.340

Exit stations are located between two blade rows; therefore, they also

represent the inlet stations to the following blade row

I
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TABLE XVIII

OVER-ALL DETAILS OF DYNAMOMETERS WITH INLET AND EXIT VALVES
SINGLE-STAGE CENTRIFUGAL COMPRESSOR (CC-S)

Frame SL SA Nd N/Nd
SDynmometer Nd Point N

(rpm)

L F1 FI-1 1.0 1.0 7,000 A 1.00
F2 F2-1 0.891 1.0 7,860 F 0.891

F2 F2-2 0.891 0.76 7,860 E 0.840

F2 F2-3 0.891 0.48 7,860 D 0.840

L F3 F3-1 0.737 1.0 9,500 B 1.263

F3 F3-2 0.737 0.60 9,500 C 1.263

F4 F4-1 0.414 1.0 1'6,900 G 1.154

L SL - Linear Scale Factor, LF/LFI

SA - Relative Change in Area by Shroud Change

N - Equivalent Design Speed, 7 ,0 00/SL
dL
N - Operating Point Speed, rpm

L Note: See Figure 27 for performance envelopes of dynamometers.

L
L.
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TABLE X I X

OVER-ALL DETAILS OF DYNAMOMETERS WITH INLET AND EXIT VALVESI D)OUBLE-ENTRY CENTRIFUGAL COMPRESSOR (CC-D)

Frame Dynamometer SL __ Nd Point N/NdSize 
(rpm)

Fl FI-I 1.0 1.0 7,000 A 1.0

F2 F2-1 0.877 1.0 7,980 F 0.877

F2 F2-2 0.877 0.77 7,980 E 0.827
F3 F3-1 0.747 1.00 9,370 B/D 1.281/

0.704
F3 F3-2 0.747 0.60 9,370 C 1.281

F4 F4-1 0.412 1.0 17,000 G 1.147

Note: See Table XVIII for explanation of symbols and Figure 28 for
performance envelopes of dynamometers.

- --. ,



86

TABLE XX

OVER-ALL DETAILS OF DYNAMOMETERS WITH INLET AND EXIT VALVES
2-STAGE (TANDEM) CENTRIFUGAL COMPRESSOR (CC-T)

Frame Dynamometer S LSA N dPoint N/N dSize (rpm)

Fl Fl-I 1.0 1.0 7,000 A 1.0

Fl F1-2 1.0 0.6 7,000 F/E 1.0/
0.943

IF2 F2-1 0.768 1.0 9,120 BID 1.317/
0.724

F2 F2-2 0.768 0.588 9,120 C 1.317
F3 F3-1 0.408 1.0 17,160 G 1.136

Note: See Table XVIII for explanation of. symbols and Figure 29 for
performance envelopes of dynamometers.

Jr0
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TABLE XXI

OVER-ALL DETAILS OF DYNAMOETERS WITH INLET AND EXIT VALVES
SINGLE-STAGE RADIAL OUTFLOW COMPRESSOR (ROC-S)

I Frame Dynamometer, SL SA Nd Point N/N dSize (rpm)

I Fl FI-i 1.0 1.0 7,000 A 1.0
F2 F2-1 0.866 1.0 8,080 F 0.866

I F2 F2-2 0.866 0.85 8,080 E 0.817
F3 F3-1 0.738 1.00 9,480 B/D 1.266/

0.696

I.. F3 F3-2 0.738 0.62 9,480 C 1.266
F4 F4-1 0.410 1.00 17,070 G 1.142I

[Note: See Table XVIII for explanation of symbols and Figure 30 for
performance envelopes of dynamometers.

I

I
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TABLE XXII

OVER-ALL DETAILS OF DYNAMOMETERS WITH INLET AND EXIT VALVES
DOUBLE-ENTRY RADIAL OUTFLOW COMPRESSOR (ROC-D)

Frame Dynamometer SL SA Nd Point N/Nd

Size (rpm)

F] FI-I 1.0 1.0 7,000 A 1.0

F2 F2-1 O.860 1.0 8,140 F 0.86

F2 F2-2 0.860 0.90 8,140 E 0.811

F3 F3-1 0.738 1.0 9,480 B/D 1.266/
o.696

F3 F3-2 0.738- 0.65 9,480 C 1.266

F4 F4-1 0.408 1.0 17,160 G 1.137I

Note: See Table XVIlI for explanation of symbols and Figure 31 for
performance envelopes of dynamometers.

-I
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TABLE XXII I

OVER-ALL DETAILS OF DYNAMOMETERS WITH INLET AND EXIT VALVES
5-STAGE CONSTANT HUB AXIAL COMPRESSOR (AC5-H)

Frame Dynamometer S SA Nd Point N/NdSize (rpm)

Fl FI-i 1.0 1.0 7,000 A 1.0

F2 F2-1 0.875 1.0 8,000 F 0.875

F2 F2-2 0.875 0.760 8,000 E 0.825

F2 F2-3 0.875 0.475 8,000 D 0.825

F3 F3-1 0.642 1.839 10,910 B 1.100

F3 F3-2 0.642 1.540 10,910 C 1.100

F4 F4-1 0.395 1.222 17,730 G 1.100

Note: See Table XVIII for explanation of symbols and Figure 32 for
performance envelopes of dynamometers.

'
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TABLE XXVI

OVER-ALL DETAILS OF TANDEM CENTRIFUGAL DYNAMOMETERSL WITH VIGV-THROTTLE AND EXIT VALVE

Frame NN/
Size Dynamometer 5L A Nd Point N/d

(rpm)IFl Fl-i 1.0 1.0 7,000 A/E 1.0/0.943
Fl F1-2 1.0 0.6 7,000 F/E 1.0/0.943

F2 F2-1 0.768 1.0 9,120 B&C/D 1.317/0.724

F3 F3-1 0.408 1.0 17,160 G 1.136

Note: See Table XVIII for explanation of symbols and Figure 40 for
performance envelopes of dynamometers.
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TABLE XXVII

OVER-ALL DETAILS OF RADIAL OUTFLOW DYNAMOMETERS

WITH VARIABLE SHROUD

Frame
Size Dynamometer SL SA Nd Point N/Nd

(rpm)

1F7 FI-i 1.0 1.0 7,000 A&F/E 1.0/0.943

F F2 F2-1 0.74 1.0 9,460 B&C/D 1.268'0.698

F3 F3-1 0.414 1.0 16,900 G 1.154

L [Note: See Table XVIII for explanation of symbols and Figure 41 for
performance envelopes of dynamometers.

L
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2i TABLE XXIX

RESULTS OF MECHANICAL DESIGN AND
ANALYSIS OF THREE SELECTED COMPRESSOR SYSTEMS

l Tandem SingIe-Stacie 5-Staqe
Centrifugal Radial Outflow Axial

t (FI-CC-T) (FI-ROC-S) (FI-AC5-H)

Rotor System Weight without 1,220 670 545
Shaft (lbm)

Rotor System Weight with Steel 1,670 1,050 780
Shaft (Ibm)

IL Compressor System Weight (Ibm) 4,130 3,870 2,780

Cost Per Unit (Dollars) 39,500 41,400 32,100

Maximum Disk Tangential 35,900 39,000 24,900

Stress (psi)

Blade Root Stress (psi) 29,900 41,900 22,300

Number of Parts 72 64 318
Number of Drawings 48 52 58

Man-Hours for Design, Details, 1,592 1,672 1,936
and Checking

L

L

L.

I
...
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TABLE XXX

I RATING OF THREE SELECTED COMPRESSOR SYSTEMS

Tandem Single-Stage 5-Stage
Centrifugal Radial Outflow AxialI :(VIGV&lnlet Valve) (Variable Shroud) (Inlet&Exit Valves)

Applicability (Total) (14.1) (22) (9.5)
Number of Units 8.3 10 5.4
Power Range 4.6 10 3.0
Direction of Rotation 1.2 2 1.1

Controllability (Total) (9.8) (16) (7.6)
L Torque Gain 2 4 2

Number of Control Function 1 3 1
Friction Source Level 3 2 2
Polar Moment of Inertia 1.8 3 1.6
Limit Functions 2 4 !

Cost Effectiveness (Total) (7.3) (12) (8.5)
First Cost 2.3 7 3.5
Scheduled Maintenance 2 2 2
Mean Time to Failure 2 1 2
Life 1 2 1

Confiquration (Total) (8.9) (10) (9.1)
Weight 2.5 3 3.1
Diameter 3.2 3 3.9Length 1.2 2 1.1

Duct ing Complexity 2 2 1

S (Total) (7.4) (7) (5.6)
Rotor Stress Levels 2.4 2 3.6
Rotor System Complexity 2 3 1
Debris Sensitivity 3 2 1

I Environmental (Total) (4) (6) (2)
Noise Level 2 3 1
Vibration 2 3 I

Over-All Rating 51.5 73 42.3
Percentage Over-All Rating 70.5 100 57.9

Includes inlet throttling by variable inlet guide vanes.

I .t
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TABLE XXXI

COMPARISON OF COST AND MECHANICAL DESIGN DETAILS
OF SINGLE-STAGE AND DOUBLE-ENTRY ROC CONFIGURATIONS

Sinqle-Staqe Double-Entry

Configuration FI-ROC-S FI-ROC-D

Rotor System Weight (ibm) 670 480

Compressor System Weight (Ibm) 2,860 2,860

Cost Per Unit (Dollars) 41,400 29,700

Maximum Disk Tangential Stress (psi) 19,500 15,300'

Maximum Blade Root Stress (psi) 41,900 22,800

1. Maximum Diameter (in) 63.2.. 56

Maximum Length (in) 39 39

L.- *Integral Shaft DesignL:-.Scaled fro double-entry value based on rotor exit tip diameters

L

-1---
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TABLE XXXll

OVER-ALL DETAILS OF DYNAMOMETERS WITH INLET AND EXIT VALVES
10-STAGE CONSTANT-HUB AXIAL COMPRESSOR (ACIO-H)

Frame S S N N/N
Size Dynamometer A d Point d

_ _-(rpm)

F1 FI-i 1.0 1.0 7,000 A & F 1.0

Fl F1-2 1.0 0.5 7,000 E & D 0.943

L F2 F2-1 0.75 1.0 9,330 B & C 1.286

F3 F3-1 0.41 1.0 17,070 G 1.142I1
Note: See Table XVIII for explanation of symbols and Figure 48 for

performance envelopes of dynamometers.

I

I
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TABLE XXXIII

COMPARISON OF COST AND MECHANICAL DESIGN-DETAILS
OF S-STAGE AND 10-STAGE AXIAL COMPRESSORS

5-Stage 10-Stage

Configuration F1-AC5-H Fl-ACIO-H

Rotor System Weight (ibm) 680 545

Compressor System Weight (ibm) 2,780 3,320

Cost Per Unit (Dollars) 32,100 40,100

Maximum Disk Tangential Stress (psi) 24,900 18,200

I Maximum Blade Root Stress (psi) 22,300 16,300
Maximum Diameter (in) 44.0 37.6

Maximum Length (in) 73 91

LL

L

:L
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TABLE XXXV

OVER-ALL DIMENSIONS. STRESS LEVELS, AND ESTIMATED WEIGHT OF DYNAMOMETERS
i SINGLE-STAGE RADIAL OUTFLOW COMPRESSOR WITH VARIABLE SHROUD

r Frame 1 Frame 2 Frame 3

Linear Scale Factor, SL 1.0 0.74 0.414

Over-All Diameter (in) 56.0 41.4 23.2

Rotor Tip Diameter (in) 29.0 21.5 12.0

Over-All Length (in) 39.0 21.8 16.1

Rotor System Weight (Ibm) 480 226 53

Compressor System Weight, W* (Ibm) 2,860 1,350 315

Critical Operating Point, X cr A B G

Rotational Speed at X (rpm) 7,000 12,000 19,500cr

Horsepower at X cr 10,000 10,000 2,500

Maximum Disk Tangential Stress 15,300 24,600 20,400
at X (psi)

cr
Blade Root Stress at X (psi) 22,800 36,700 30,400

!- *W *( SL2.5

" I

I

I
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